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ABSTRACT 
The largest automakers strive to reduce carbon dioxide emissions to meet regulations by 
improving engine efficiency. A device that recovers a portion of the heat wasted in the exhaust 
gas could be a highly effective solution. It is believed that the most appealing technology is the 
Organic Rankine Cycle for its ability to recover heat from low temperature sources and its limited 
costs. However, Waste Heat Recovery (WHR) is still far from being employed in mass 
production light duty vehicles because there are still several unsolved problems. To assess the 
feasibility of such devices it is fundamental to develop a simulation tool able to replicate the 
behavior of a WHR system. This thesis discusses the main topics and pitfalls associated with the 
application of an Organic Rankine Cycle to recover energy in the operating of light duty vehicles. 
The simulation tool which was developed by the author to compare the design alternatives and 
quantify the potential benefits in terms of amount of energy that can be recovered, is illustrated 
and its functioning is explained in details. The simulation results are thoroughly examined. 
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1. INTRODUCTION 
The reduction of the impact that product and process have on the environment is one of the Fiat 
and Chrysler group’s principal priorities. The research centers of the group are cooperating to 
reach the goal of increase the fuel economy of their products, in order to reduce carbon dioxide 
emissions, focusing in five key areas: optimize the fuel economy of existing engines, increase the 
use of alternative fuels, develop non-conventional propulsion systems, reduce vehicle energy 
demand and design system to cut emissions. For what concerns the latter key area, the feasibility 
of systems able to recover a portion of the waste heat from light duty vehicles is being assessed. 
As a matter of fact, an average 35% of the energy produced in an internal combustion engine is 
dissipated in the exhaust gas, so a system that is able to partially recover this wasted energy could 
be an highly effective solution to increase the efficiency of the engine and, thus, to reduce its 
emissions. 
Waste Heat Recovery systems are well-known in other industrial sectors, such as in power 
generation plants, and have lately attracted all the main automakers for the potential fuel savings 
that they can provide. The most attractive technologies for this purpose appears to be an Organic 
Rankine Cycle whose vehicle application will be treated in this thesis. 
Nonetheless, despite the great innovation that these devices can bring, there are still a lot of 
challenges that the designers have to face before considering to introduce them in mass 
production vehicles. The non-stationary conditions of the exhaust gas of a vehicle, the small 
space under the hood, the cost of the components, the controls of the system are just a short list of 
the problems that have to be solved to adapt a Waste Heat Recovery system from stationary 
application in power generation plants. 
In this scenario it is fundamental, especially in the early design stages to be able to simulate first 
and then test the behavior of these devices, certifying the potential fuel savings and that the 
system can safely operate in a vehicle. 
 
1.1 Problem statement 
As previously mentioned, simulation is a strategic action necessary in any research activities 
especially when innovative devices have to be introduced. It helps the decision process of 
selecting the proper design strategy among the multiple alternatives available. 
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Centro Ricerche Fiat (Fiat Research Center) and Chrysler LLC have not yet developed a 
simulation tool able to predict the behavior and performances of a Waste Heat Recovery unit 
based on Organic Rankine Cycle technology. 
 A flexible tool adaptable to any kind of configuration of the Waste Heat Recovery unit is then 
necessary. The details of the information about the WHR system are not very deep in the early 
design phases, so the degree of detail of the simulation tool has to be flexible. Once this model is 
created the following stage (not considered in the thesis) would be, the integration of such a 
model in a global virtual model of a vehicle and analyze the potential fuel savings. 
 
1.2 Objectives 
The first objective is to understand how the operating parameters of an Organic Rankine Cycle 
(working fluid type, operating pressures and temperatures, components type and more) influence 
the net power output of the system. In particular, the discussion about which is the working fluid 
most suitable for the application in WHR system based on an ORC is still open, detailed 
indications on this topic have to be provided. 
Finally, it is fundamental to assess the net power output achievable by the system and see the 
percentage of heat that can be recovered and converted into useful power by the Waste Heat 
Recovery unit. The objective is to demonstrate with simulation that, under certain engine 
operating conditions, the power improvement provided by the WHR unit is 5-10% of the power 
output by the engine. 
 
1.3 Methodology 
The strategy adopted to give an answer to the topics listed in the paragraph above was mainly 
centered on the development of two simulation tools with an increase degree of accuracy. 
The first simulation tool, called, for the sake of simplicity, preliminary model, is a Matlab based 
model built by the author to compare the possible design alternatives, focusing especially on the 
Organic Rankine Cycle rather than the entire Waste Heat Recovery unit. In fact, the findings 
obtained with this model were addressed to understand the combination of operating 
temperatures, pressures as well as working fluid that maximize the net power output as a function 
of the type of Organic Rankine Cycle selected (standard or recuperative). 
The second simulation tool, called detailed model, is instead a Matlab/Simulink  model developed 
to carry out time dependent simulations also in non-stationary operating conditions. 
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The degree of accuracy is much increased with respect to the previous model since the goal is to 
use this model to precisely predict the net power output of the cycle. It has the highest possible 
degree of flexibility and it is meant to be integrated in the global fuel economy simulation tool 
already available at Fiat and Chrysler. The validity of the outputs of the detailed model have been 
checked using data coming from experimental tests already carried out at Centro Ricerche Fiat. 
Both simulation models have been used to compare the performances of the most commonly 
employed fluids in the Waste Heat Recovery industry. 
However, the comparison between the working fluids was not only limited to the performances 
but a list of other five aspects used as term of comparison have been proposed, according to the 
criteria most widely accepted in literature. 
 
1.4 Thesis Organization 
The remainder of the thesis is organized in the chapters listed below: 
 CHAPTER 2: contains the results of the literature survey performed by the author to 
explain the topic of the thesis and introduce the reader to the peculiarities of the Waste 
Heat Recovery industry. A theoretical background on the thermodynamic, in general, and 
on the Rankine Cycle, in particular, is also furnished in order to better understand the 
concepts explained in the following chapters. 
 CHAPTER 3: a detailed explanation of the features and functioning of the two simulation 
models developed is provided. Especially in the detailed model particular attention has 
been given to the different algorithm that the program uses as function of the inputs 
selected by the user. 
 CHAPTER 4: the simulations carried out with the two programs are explained, the results 
are deeply analyzed and discussed to prove the feasibility of a Waste Heat Recovery unit 
in automotive applications and to show the reliability of the simulation tool developed. 
The investigations proposed are addressed to draw a sort of ideal profile of the Waste 
Heat Recovery unit integrated with an engine. 
 CHAPTER 5: the conclusions and the findings of the research presented throughout the 
thesis are outlined and summarized. 
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2. REVIEW OF LITERATURE 
2.1 Review of thermodynamics 
A certain number of thermodynamic machines use a working fluid having homogeneous and 
invariable chemical composition, a pure substance, that changes phase, from liquid to vapor and 
vice versa, inside the machine itself as a function of the local temperature and pressure. This kind 
of machines, operating in a range of temperatures and pressures close to the critical point of the 
fluid employed, are known as Steam Power Machines if their ultimate target is to generate useful 
power. The introduction of steam power generation systems has given a strong impulse to the 
industrial revolution and over the years their performances have been optimized.  
Steam power generation has consistently been based on the Rankine cycle or its modification. 
However, in order to fully understand its operating principles, is useful to make a step backward 
and introduce the Carnot cycle first, since it represents the starting point for all the following 
analyses. 
The cycles discussed in this section are not utilized in the actual power plants because are ideal 
cycles (totally reversible) or cycles in which just few types of irreversibility are considered. The 
assumptions made are summarized in the bullet list below: 
 steady-state condition throughout the entire cycle 
 negligible kinetic and potential energy variations 
 null pressure drop inside the heat exchangers 
 adiabatic transformations in the process involving exchange of work 
 the fluid inside the ducts does not change its thermodynamic properties 
 zero viscosity of the working fluid. 
The idealized cycles represent a good approximation of the performances of many actual 
processes and are often used for preliminary computations.  
2.1.1 Carnot cycle 
The concept of thermodynamic cycle was first introduced by the French military engineer Nicolas 
Sadi Carnot (1769 – 1832) to determine the system which could operate at maximum efficiency 
using heat from a constant temperature source [1]. It is made up of two adiabatic and two 
isothermal transformations. 
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Figure 2.1-1: Carnot cycle on T-s diagram. 
With reference to Figure 2.1-1 that shows the cycle on a T-s diagram, the transformations that 
take place are: 
1 → 2: Reversible adiabatic compression (isentropic), work is done on the fluid. 
2 → 3: Constant temperature evaporation, the working fluid receives heat from an external 
source. 
3 → 4: Reversible adiabatic expansion (isentropic), the working fluid generates useful work. 
4 → 1: Constant pressure and temperature condensation, the fluid, giving off heat to the 
environment, returns to the initial conditions. 
As stated before an analysis of the Carnot cycle is representative of others, in particular the 
efficiency obtained by such a cycle is the highest that can be achieved by any other cycle 
operating within the same temperature range (T
+
 and T
-
). The Carnot cycle efficiency is defined 
as: 
         
       
   
   
   
   
   
  
  
 (2.1) 
Where T
+
=T2=T3 is the maximum temperature reached by the fluid correspondent to the 
vaporization temperature and T
-
=T4=T1 is the minimum temperature or rather condensation 
temperature. It has been possible to make the last simplification because heat is exchanged at 
constant temperature. This expression gives rise to an important consideration: even though there 
are no irreversibilities in the cycle, the efficiency cannot be equal to 100% unless the low 
temperature source (T
-
) was at 0K, condition never possible. 
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Figure 2.1-2: Rankine cycle system layout. 
However, the practical attainment of the Carnot cycle is difficult, not only because of the problem 
of elimination of irreversibilities in actual processes, but also in view purely mechanical, there are 
difficulties involved in expanding and, more critically, in compressing a partially condensed wet 
vapor. The two-phase compression could be avoided by condensing to the saturated liquid, but 
this would require a subsequent process of raising the liquid to extreme pressures reversibly in 
order to reach the maximum temperature. For these reasons the Carnot cycle, despite of its 
thermodynamic advantages, has not been used in any application. 
2.1.2 Rankine cycle  
The standard vapor cycle, most widely known as Rankine cycle, represents a practical 
modification of the Carnot cycle and its operating components to overcome the limitations 
described in the previous paragraph. The Rankine cycle itself is named in memory of one of the 
founding contributors to the science of thermodynamics, William John Macquorn Rankine (1820 
- 1872), a Scottish engineer and physicist who is also credited for the “Rankine” temperature 
scale [2]. Figure 2.1-2 shows a typical scheme of a Rankine cycle, the components utilized are a 
feed pump, an evaporator (or boiler), an expander and a condenser. 
With reference to Figure 2.1-3 and Figure 2.1-4, that provide a visual representation of the ideal 
Rankine cycle diagram (1-2s-2’-3-4s), respectively on the T-s and p-h diagrams, the 
transformations that take place are described below: 
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1 → 2s: Saturated liquid at low pressure and temperature is isentropically compressed (the 
subscript “s” indicates an isentropic transformation) up to the high pressure p2s, temperature and 
volume changes are negligible. The work per unit mass required by the pump is equal to the 
enthalpy difference between point 1 and point 2s;  
            
      
  
 (      ) (2.2) 
2s → 2’: The high pressure sub-cooled liquid is heated up at constant pressure, until it reaches the 
saturation curve, point 2’. 
2’ → 3: Saturated high pressure liquid is vaporized at constant temperature and pressure. The heat 
per unit mass absorbed by the working fluid between state 3 and state 2s is equal to: 
               (      )         (2.3) 
Where cp is the constant pressure specific heat and ΔHvap is the enthalpy of vaporization. 
3 → 4s: The saturated vapor expands isentropically from the high pressure to the low pressure. 
The amount of work per unit mass done by the expander is equal to:  
           (      ) (2.4) 
4s → 1: The low pressure vapor condensates at constant temperature and pressure, returning to 
the initial conditions, the heat per unit mass released to the external environment is: 
             (2.5) 
 
Figure 2.1-3: Rankine cycle on T-s diagram. 
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Figure 2.1-4: Rankine cycle on p-h diagram. 
In order to obtain the power or heat transfer rate from Equation (2.2) to (2.5) it just takes to 
multiply the work/heat per unit mass by the mass flow rate of the working fluid of the cycle. 
Moreover, it is useful to underline that the areas underneath the T-s diagram (Figure 2.1-3) 
represent the heat exchanged per unity mass respectively with the hot heat source (2s-3) and with 
the cold heat source (4s-1). The difference between these two areas, thus the cycle area, represents 
the net output work per unity mass of the cycle. 
Steam power units, if operating at steady state condition, are cyclic, hence the overall power 
balance can be expressed in the following manner: 
  ̇   ̇  ∑    ̇
 
 
 (2.6) 
Where ̇  is a power and  ̇ is a heat transfer rate. If an analysis of the entire cycle is performed 
the rightmost term of Equation (2.6) disappears, since the Rankine cycle is a closed system (work 
is produced without transfer of mass), giving that: 
 | ̇   |  | ̇   |  | ̇   |  | ̇   | (2.7) 
The ideal cycle efficiency is given by the ratio between the net power output and the heat flow 
rate occurring with the high temperature heat source. 
        
 ̇   
 ̇   
 
 ̇     ̇   
 ̇   
 
 ̇     ̇   
 ̇   
   
 ̇   
 ̇   
 (2.8) 
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For a given  ̇   , the lower the heat transfer rate rejected in the condenser ( ̇   ), the better the 
efficiency. Substituting in Equation (2.8) the values of each term: 
        
(      )  (      )
(      )
 
(      )  (      )
(      )
 (2.9) 
The last passage was possible taking into account Equation (2.7). 
Considering that the pump work required is much smaller than the work generated in the 
expander (h2 ≈ h1), Equation (2.09) can be further simplified, becoming: 
        
(      )
(      )
 (2.10) 
Anyway throughout the following discussion this simplification will never be used, because it 
introduces a not acceptable error. 
2.1.3 Superheat Rankine cycle  
The Rankine cycle explained in paragraph 2.1.2, also called “saturated vapor Rankine cycle” 
because state 3 lays on the saturation curve, is rarely employed. In common applications, a 
modification of the basic Rankine cycle, known as Rankine-Hirn cycle or superheat Rankine 
cycle, is used in order to increase the efficiency, and, at the same time, avoid expansion in the wet 
region. The cycle is defined by points 1-2s-2’-3’-3-4s of Figure 2.1-5 and Figure 2.1-6. In those 
figures state 3’ corresponds to the saturated vapor condition, but the working fluid is further 
heated up until it reaches state 3, that still coincides with the expander inlet, but that has a 
temperature greater than state 3’. Basically, the working fluid is heated, at constant pressure, up 
to a temperature higher than the boiling temperature at the pump outlet pressure. As mentioned 
before the operation of the Rankine cycle at a high turbine inlet temperature in the superheat 
region provides two potential advantages. 
First, the temperature limits between which the system operates may be increased, and the turbine 
expansion may be partially if not totally dry rather than wet, avoiding potential wear and failures 
of the turbine blades. Second, the increased temperature range provides a greater availability of 
the energy transferred as heat, the increase of Q2s3 is greater than that of Q4s1 and, as a 
consequence, the overall efficiency slightly increases. However, it has been demonstrated that, for 
particular kinds of fluids, the highest efficiency is achieved avoiding superheating [3]. A more 
detailed analysis suggests that, if the isobaric curve at the high pressure of the cycle (p2s = p3) is 
steeper than the one at the low pressure of the cycle (p4 = p1), the cycle efficiency increases as the 
expander inlet temperature (T3) is raised in the superheat region [3]. 
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Figure 2.1-5: Superheat Rankine cycle on T-s diagram. 
Operating the Rankine cycle within the superheat region produces a further deviation from the 
Carnot cycle since only a small portion of heat is transferred at the highest cycle temperature (T3). 
The basic equations to compute the power involved in the cycle as well as the efficiencies, 
introduced in section 2.1.2, still hold. 
 
Figure 2.1-6: Superheat Rankine cycle on p-h diagram. 
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It is now worthy to introduce the concept of isentropic efficiency. Looking at Figure 2.1-5, and 
Figure 2.1-6, it can be noted that there are two additional dashed lines. As a matter of fact the 
cycle delimitated by points 1-2-2’-3’-3-4, is a more realistic representation of a Rankine-Hirn 
cycle considering the transformations that actually take place in the expander and in the pump. In 
particular, looking at the T-s diagram, it is clear that the real expansion is not isentropic but there 
is an entropy increase due to intrinsic irreversibilities of the process, such as friction. Since the 
enthalpy of point 4 is less than that of the ideal point 4s, the enthalpy drop across the expander is 
lower, hence the useful work per unit mass generated decreases. The expander isentropic 
efficiency is defined as the ratio between the actual work/power output and the ideal work/power 
output, and it is always lower than one: 
      
   
    
 
(     )
(      )
 (2.11) 
The actual output work per unit mass of the expander is expressed according to the following 
equation: 
                         (      )      (     ) (2.12) 
Making a similar consideration, the compression of the liquid in the feed pump is not isentropic. 
More precisely, the actual work required to compress the fluid from p1 up to p2 is greater than the 
ideal one, since the enthalpy at state 2 is greater than that of state 2s. Thus the pump isentropic 
efficiency is defined as: 
       
    
   
 
(      )
(     )
 (2.13) 
And the actual pumping work per unit mass is: 
               
    
     
  
(      )
     
 
     
 
 
 
     
 (     ) (2.14) 
Since the actual pumping work is greater than the ideal one and that the actual generated work is 
lower than the ideal one, the overall efficiency of the actual Rankine cycle is lower than the ideal 
one. 
From now on the ideal cycle with isentropic compression and expansion is not considered 
anymore, pump and expander isentropic efficiencies will be less than one, and the subscript “act” 
will not be used anymore. 
2.1.4 Recuperative Rankine Cycle 
It has been explained as the efficiency of a Rankine cycle can be improved by increasing the 
amount of heat supplied at high temperatures, a similar effect may be obtained by decreasing the 
amount rejected at lower temperatures [4]. 
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This principle is used by the recuperative Rankine cycle, also known in literature as Internal Heat 
Exchanger Rankine cycle, because, in the case that T4 is remarkably higher than T2, a further heat 
exchanger is added. A schematic view of the cycle is shown in Figure 2.1-7. In this particular 
cycle the low pressure vapor coming out of the expander is used as heat source for heating the 
low temperature compressed working fluid coming out of the pump, before it reaches the boiling 
point. 
For the sake of brevity only the T-s diagram of the recuperative Rankine cycle is reported, Figure 
2.1-8. The cycle is delimited by the states 1-2-2r-3-4-4r, pump and expander efficiencies lower 
that 100% have been assumed. Looking at the schematic and at the T-s diagram it is immediately 
clear what is the difference with respect to the Rankine-Hirn cycle. Here the high working 
temperature fluid exhausted from the expander is transported to the inlet of low pressure side of a 
third heat exchanger, usually called recuperator or regenerator. Whereas the low temperature 
working fluid exported from the pump is conveyed to the inlet of the high pressure side of the 
recuperator. Finally the heat is transferred from the low pressure side to the high pressure side of 
the recuperator. The increased complexity is often justified by the increase in efficiency and 
hence output power generated. 
 
Figure 2.1-7: Recuperative Rankine cycle system layout. 
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Figure 2.1-8: Recuperative Rankine cycle on T-s diagram. 
The set of equations presented so far for the standard Rankine cycle should be slightly adapted. 
1 → 2: There are no differences. The pumping work is still computed according to Equation 
(2.14). 
2 → 2r: The high pressure low temperature liquid is heated up in the internal heat exchanger, the 
amount of heat per unit mass exchanged is: 
             (2.15) 
2r → 3: Only in this portion of the cycle the working fluid exchanges heat with the high 
temperature heat source, the resulting heat transfer per unit mass is: 
             (2.16) 
3 → 4: The expansion process does not change. The work generated per unit mass is still 
computed with Equation (2.12). 
4 → 4r: The low pressure high temperature vapor is cooled down in the recuperator. The amount 
of heat given by the fluid in this transformation is equal in module, but opposite in sign, to the 
amount of heat received by the fluid during 2-2r transformation:  
                           (2.17) 
4r → 1: The fluid releases heat to the low temperature reservoir, achieving the saturated vapor 
condition first, and then, completing the condensation process: 
             (2.18) 
In order to better understand the advantages of the internal heat transfer, two complementary 
considerations can be made. 
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First, this internally transferred heat does not need to be supplied from outside, obviously this 
feature increases the thermal efficiency. Second, considering two cycles, one with an internal heat 
exchanger and other one without it, even though they are working between the same maximum 
and minimum temperatures there are differences in the average temperature at which heat is 
supplied to the system and in the average temperature at which heat is transferred to the 
environment. In the cycle with the recuperator the average temperature at which heat is supplied 
(from T2r to T3 of Figure 2.1-8) is higher than in the case there was no recuperator (from T2 to T3 
Figure 2.1-8), while the average temperature at which heat is transferred to the environment (from 
T4r to T1) is lower than in case without recuperator (from T4 to T1). Both these differences result, 
according to Carnot, in a higher thermal efficiency of the cycle, [5]. On the other hand, if we 
assume that the amount of heat supplied in the evaporator remains the same, with a recuperator 
can be increased the mass flow rate of the working fluid that is brought to the temperature T3, 
thus increasing the power output of the cycle. According to Vaja and Gambarotta, [6], turbines or 
expanders with low isentropic efficiency are suitable for recuperative Rankine cycle applications. 
In fact a low efficiency expander leads to a temperature and enthalpy increase of the superheated 
vapour at the turbine outlet (state 4) and this energy is partially recovered in the recuperator. 
However, in most of the application is better to maximize the power output of the cycle, hence an 
expander with a greater efficiency has to be preferred. 
2.1.5 Supercritical Rankine Cycle 
In the Rankine cycle types presented so far, during the heating process (transformation 2-3) the 
working fluid undergoes a liquid-vapor phase transition process. However, there is a particular 
kind of Rankine cycle in which the working fluid, usually one with a relatively low critical 
temperature and pressure, can be compressed directly to its supercritical pressure and heated to its 
supercritical state before expansion. In other words no phase transition takes place and a 
supercritical compressed fluid enters the expander. This cycle is known as supercritical Rankine 
cycle.  
Figure 2.1-9 shows the T-s diagram for such kind of Rankine cycles, it can be noted that the 
shape of the line that goes from point 2 to point 3 is significantly different than the previous cases 
and it allows obtaining a better thermal match with the high temperature heat source, resulting in 
a higher efficiency, [7]. 
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Figure 2.1-9: Supercritical Rankine cycle on T-s diagram. 
2.1.6 Additional considerations 
Analyzing in more details the definition of useful power, coming out from a Rankine cycle, other 
terms, rather than just the power generated by the expander and requested by the pump, should be 
included. In fact, sometimes the expander shaft must drive not only the feed pump but other 
accessories. The accessories are here intended as those devices that do not exchange work 
directly with the working fluid, such like blowers or lubrication pumps. Moreover, a given 
amount of power is always necessary to overcome the mechanical friction forces acting on the 
expander output shaft. Hence a more complete definition of useful power is [8]: 
  ̇        ̇     ̇      ̇             ̇         (2.19) 
And the organic efficiency, defined as the ratio between the useful power and the power 
generated by the working fluid, is: 
          
 ̇      
 ̇     ̇    
 (2.20) 
Another important efficiency, that has not been treated yet, is the evaporator efficiency (ηevaporator). 
In order to define this efficiency we should give a closer look to what happens in this component. 
In the evaporator, that basically is a heat exchanger, the working fluid receives heat from a source 
at higher temperature. However, the energy stored in the heat source is not entirely transferred to 
the working fluid. This is the reason why, it is useful to introduce the boiler efficiency. It is 
defined as the actual heat transfer rate taking place in the expander, divided by the heat transfer 
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rate that the system (high temperature heat source) would have if it achieves equilibrium with the 
external environment (assumed at 25 °C). In other words, it is the ratio of the actual heat transfer 
rate to the maximum potential heat transfer rate ( ̇         ). 
             
 ̇  
 ̇         
 
 ̇  
       (                    )
 (2.21) 
Where         is the heat capacity rate of the high temperature heat source expressed in J/s-K, 
obtained multiplying the mass flow rate of the source to the specific heat of the source itself.  
This concept brings directly to the definition of a very important thermodynamic quantity that 
will be used later throughout the text: exergy. Exergy is the maximum amount of work that can be 
done by a subsystem as it approaches thermodynamic equilibrium with its surroundings by a 
sequence of reversible processes [9]. It is a measure of the quality of the energy of a given 
subsystem; the greater it is the greater is the work that potentially can be done. 
The evaporator efficiency, as it is defined in Equation (2.21), is also known in the WHR industry 
as “recovery efficiency” and will be utilized throughout this work. 
2.1.7 Rankine cycle summary 
As illustrated in the in this section the Rankine cycle is a versatile power generation system due 
to the many different possible modifications (other possible features have been omitted such like 
the reheat Rankine cycle and the extraction recuperative Rankine cycle because are beyond the 
scope of this thesis). The output power range can go from few kW up to several MW. The 
flexibility and the relative simplicity have made it one of the most used power generation cycles 
and particularly suitable for the Waste Heat Recovery industry. As any other process, it has 
inherent irreversibilities such like friction-heat losses in the expander and pump, as well as 
pressure drops in heat exchangers and pipes that have been neglected so far.  
In order to affectively improve the efficiency there are two main ways. One approach is to 
decrease the average low side temperature (T41). However, since in most cases the low 
temperature cannot fall below the environment temperature, it is more common to increase the 
high side average temperature (T23) trying to obtain a better match between the working fluid and 
the heat source temperatures in the evaporator, thus reducing the irreversibilities of this 
component. 
The second approach is to increase the isentropic efficiency of the pump and the expander. 
Anyway the pump work in a Rankine cycle is significantly less than the expander work, so 
improving the efficiency of the expander provides the greatest degree of cycle efficiency 
improvements [10]. 
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2.2 Waste Heat Recovery  
For decades, the continuously increased fossil consumption by human’s daily life and industrial 
production has caused many environmental problems such as global warming, ozone depletion, 
atmospheric pollution and so on. For these reasons energy savings has become one of the main 
issues that governments and researchers all over the world have to face. Therefore the need to 
introduce new energy conversion technologies, able to generate power without causing 
environmental pollution, has risen. 
In particular low-medium grade heat sources have been investigated as new potential sources, 
because they can generate additional power without requiring extra fuel [6]. Typical examples of 
such a kind of sources are the solar heat, geothermal energy and waste heat that have energy 
available at temperature ranging from as low as 60 °C up to 600 °C. Statistical investigations 
indicate that the low-grade waste heat accounts for 50% of the total heat generated in industry [3], 
technologies that can partially recover this kind of energy, and at the same time cooling down the 
heat source, became popular. The most common application is a Rankine cycle which utilizes as 
heat source the waste heat of another thermodynamic cycle topping it. However, the water as a 
working fluid does not allow efficient recovery of waste heat below 370 °C, hence the low 
efficiency of the steam Rankine cycle using water has prevented for years the economic 
feasibility of these systems. In order to overcome this limitation, Rankine cycles that use organic 
working fluids have been developed. These fluids have lower heat of vaporization and can better 
follow the temperature profile of the heat source in the evaporator. Organic fluids properties will 
be discussed in details in section 2.3.  
Due to its flexibility, there is a wide range of heat sources that can be applied to supply an 
Organic Rankine Cycle (ORC). As a matter of fact, selecting a suitable working fluid and, as a 
consequence, the shape of the saturation curve, it is possible to adapt the cycle in function of the 
type of heat source. Moreover, the expander of an ORC is usually less complex (one or maximum 
two stages) and has a higher efficiency due to the lower enthalpy drop of the organic fluids [11]. 
High safety and low maintenance are the other features that make ORC suitable for Waste Heat 
Recovery applications in power plants and industrial processes. These cycles, whose shaft power 
is usually converted into electric power by means of a generator, are very flexible also in terms of 
power output since it can range from even less than one kW up to several MWs. Literature reports 
several applications of ORCs bottoming power generation plants, with efficiency improvements 
of 5-10%, [12] and [13]. 
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2.2.1 WHR importance in automotive industry 
In industrialized countries about 25 percent of the total energy consumption is caused by 
transports [14]. Moreover, transportation is also one of the main sources of emissions of carbon 
dioxide (CO2), as depicted Figure 2.2-2 [15]. CO2 is a natural component of atmospheric air and it 
is not classified as a pollutant. However, it is one of the substances responsible for the greenhouse 
effect and the global climate change associated to this phenomenon. Even though road vehicles 
are only a portion of the overall transports, their contribution to carbon dioxide emissions is 
significant and must be reduced, Figure 2.2-1 shows a detailed view of the average CO2 
emissions of the main automakers. This is the reason why regulations on CO2 emissions have 
become more stringent both in Europe, where manufacturer’s average emissions level should not 
exceed 130 g/km by 2015 and a further CO2 emission reduction to 95 g/km is specified for the 
year 2020 [16], and North America. In combustion of hydrocarbons Carbon dioxide (CO2) is 
formed and it makes up approximately 13.7% of the exhaust gas. Hence, the amount of converted 
carbon dioxide is a direct index of fuel consumption. Thus the only way to reduce CO2 emissions 
is to reduce fuel consumption [17].  
 
Figure 2.2-1: Average CO2 emissions of main car manufacturers in Europe (2006) [16]. 
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Figure 2.2-2: Percentage of total CO2 emissions in Europe (2007) [15]. 
Taking into account that fuel price has risen it is clear that Waste Heat Recovery systems have a 
strategic importance also in automotive industry, since they are convenient from an economic as 
well as an environmental point of view. 
2.2.2 WHR potential and alternatives 
In paragraph 2.2.1 it has been shown as in the field of internal combustion engines, the research 
hotspot is how to further improve the fuel utilization efficiency. After Gasoline Direct Injection 
and Common Rail Multi-jet Diesel engines have been introduced, the challenge has become even 
more difficult. The maximum achievable thermal efficiency for modern engines is between 25 
and 32 percent. The remaining fuel energy is lost in the form of engine waste heat discharged into 
the ambient. Figure 2.2-3 illustrates a common energy flow diagram for an automobile [18]. 
The steady state energy balance of a car is described by the equation below: 
                     (2.22) 
Q is the total heat generated from fuel combustion, Qw is the heat converted into effective 
mechanical work, Qeg is the heat taken away by the exhaust gas, Qcw is the heat reject to through 
the coolant (usually water), and Qr is the remainder heat loss including the heat taken away by the 
lubricant. 
Among these types of waste heat, the exhaust gases have the highest thermal quality, because 
heat is available at high temperatures, and accounts for about 22%-46% of the overall exergy of 
the fuel. 
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Figure 2.2-3: Energy flow of an automobile [18]. 
A similar percentage of energy is taken away by the radiator, however the thermal quality of 
cooling water is not high. Hence, if this heat were recovered, the conversion efficiency into 
mechanical power is low, due to the low temperature of the heat source [19]. On the other hand 
the temperature of lubricant is very high but its proportion in the waste heat is very small. 
Different studies have been carried out in order to better assess the percentage of the components 
of Equation (2.29). In particular Zhang et al., [20], tested a 1.3L gasoline engine concluding that 
the portion of heat converted into useful work (Qw) increases when the engine load is increased 
for a given rotational speed, whereas this percentage does not change much changing engine 
speed at a given engine load. Figure 2.2-4 and Figure 2.2-5 show the results of these tests. 
Theoretically, except the waste heat that has to be released to the environment according to the 
second law of thermodynamics, the rest can be reutilized [21]. 
 
Figure 2.2-4: Energy distribution of a 1.3L gasoline engine at 3000 RPM [20]. 
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Figure 2.2-5: Energy distribution of a 1.3l gasoline engine at a given load [20]. 
However, almost all practical applications developed so far are focused on recovering heat from 
the exhaust gas (Qeg) because, as previously mentioned, the thermal quality of the exhaust gas is 
high as well as its mass flow rate. There are mainly two ways to recover this heat. The first one is 
known as Thermal Electric generator (TE) and basically consists in generation of electricity using 
the temperature difference between exhaust gas and a cold source (usually external environment). 
Whereas the second one is an Organic Rankine Cycle (ORC) that uses as high temperature heat 
source the exhaust gas. 
2.2.3 Thermal Electric generators WHR system 
The thermoelectric approach is based on the properties of semiconductors materials. There are 
two types of semiconductors: P-type and N-type. The latter moves free electrons from the cold 
side to the hot side, while the other type moves them from the hot to the cold side. Combining 
these devices in series a Thermal Electric generator may be obtained. The voltage potential 
difference generated is given by: 
          (     ) (2.23) 
Where E is the voltage, α is the Seebeck coefficient and Th and Tc are respectively the 
temperature at the hot and cold side. The main limitation of this method to recover heat is that it 
has a very low efficiency. Special materials with a higher Seebeck coefficient are being 
developed to maximize this potential, [10]. If well optimized, a thermoelectric device can achieve 
efficiency levels that are 65-70% of the Carnot cycle efficiency. Two different kind of system 
configurations have been studied, whether the heat is exchanged directly or indirectly with the 
exhaust gas [22] and particular attention have been addressed on the design of the heat exchanger 
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where the semiconductor material is placed [23]. It should be also noted that TE based Waste 
Heat Recovery systems are highly reliable since they do not have any moving component. 
Nonetheless the semiconductor materials employed in this technology are too expensive for the 
amount of power that can be recovered. 
2.2.4 Organic Rankine Cycle WHR system 
The most promising technology in the WHR field is based on Organic Rankine Cycle. It has 
several advantages if compared to TE generators: 
 more efficient 
 is a well-established technology 
 is cheaper 
 has a higher energy utilization rate 
 can generate directly mechanical power 
 less backpressure. 
Despite these advantages a WHR system with an ORC presents also some drawbacks if compared 
to TE generators: 
 less reliable because it has more moving parts 
 more difficult packaging 
 heavier. 
The first applications on vehicles were addressed to big Diesel engines, more precisely to class 8 
heavy-duty truck engines. The main reason is that such engines produce a high mass flow rate 
and a high temperature exhaust gas stream that can be easily utilized to feed an Organic Rankine 
Cycle. Moreover, in trucks there are few concerns for packaging, hence the size of the heat 
recovery unit is not a big problem. Furthermore, these vehicles have several accessories that 
require a lot of current, so the power generated by Waste Heat Recovery system can be directly 
use to run these devices significantly reducing the fuel consumption. Advanced studies have been 
carried out in this car segment since the end of 70s [24] and [25], but they have become more 
frequent and detailed in the past five years [21], [26], [27] and [28] bringing important car 
manufacturers, such as Cummins and Iveco, to make advanced studies on this technology. 
In particular Cummins Research and Technology department has proposed the adoption of a 
WHR system based on an Organic Rankine Cycle to improve engine efficiency up to 10% 
recovering the energy, that would otherwise be wasted, from the EGR and partially also from the 
exhaust gases downstream the after treatment device [29]. As stated before, Cummins confirms 
that the system works better for high EGR rate engines. 
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Figure 2.2-6: Cummins WHR system with recuperative ORC [29]. 
The architecture of the system proposed is based on a recuperative Rankine cycle. Hence the 
system, shown in Figure 2.2-6, includes two boilers (one that recovers heat from the EGR and 
another one that recovers heat from the exhaust gases), a super-heater, a turbine, a recuperator, a 
condenser and a feed pump. With reference to Figure 2.2-6 the working fluid is compressed in the 
pump, before being preheated in the high pressure side of the recuperator. Then by means of a 
valve the mass flow rate is divided, a portion is addressed to a heat exchanger that recovers heat 
from the exhaust gases another portion goes into a heat exchanger that recovers heat from the 
EGR gases. The two ducts converge in the super-heater that exchanges heat with the EGR, at this 
point the working fluid is expanded in the turbine and pre-cooled in the low pressure side of the 
recuperator before being condensed. An important is that in the condenser air is not used directly 
to condense the working fluid but another intermediate cooler (water) is adopted. This solution 
increases complexity and costs of the system, moreover power should be supplied to the water 
parasitic pump further decreasing the power output. The results obtained by Cummins through 
experimental tests (only using the energy coming from the EGR) show a power output generated 
of 19.4 kW that results in 5% improved engine thermal efficiency. 
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Figure 2.2-7: Energy flow of a typical high duty and high EGR rate diesel engine [26]. 
To sum up, the most common way to cut down the NOx emissions in heavy-duty diesel engines 
is to recirculate a high percentage of exhaust gas reintroducing it into the feed pipe (high EGR 
rate). When this strategy is adopted the WHR system is particularly suitable because, as can be 
seen in [27], the EGR cooler can be replaced by the boiler of the ORC performing two tasks: 
 cool down the exhaust gas, basically acting as a common EGR cooler 
 heat up and vaporize the working fluid of the Organic Rankine Cycle. 
This configuration is convenient since no further heat exchangers are introduced between the 
cylinder and the exhaust pipe, avoiding reducing the pressure of the exhaust gas portion that goes 
into the turbine. 
Unfortunately in common European city-cars exhaust flow rate is low (engines are small) and 
exhaust gas temperatures are low, making the application of a heat recovery system more difficult 
and sometimes economically unfeasible. On the other hand North American mini-vans or big 
SUVs look like more suitable for WHR applications based on ORCs. They have bigger engines, 
the temperature of the exhaust gas is higher and the overall efficiency of the engine is generally 
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lower compared to those of European city-cars, making the conditions of the exhaust gas in the 
tailpipe more similar to those of heavy-duty trucks. More in general, the lower the exhaust flow 
rate and the lower the temperature of the exhaust gas the lower is the potential fuel savings, up to 
a certain point at which the recovery of the heat is economically unfeasible or thermodynamically 
impossible. 
So far several configurations and alternatives of the ORC have been compared by researchers. In 
particular superheat Rankine cycle and recuperative Rankine cycle are the most common [20], 
[19], [30] and [31], whereas [32] has proposed a dual loop Waste Heat Recovery system with 
Organic Rankine Cycles to improve engine efficiency. The high-temperature loop recovers heat 
from the exhaust gas instead the low-temperature loop recovers the heat rejected by the high-
temperature loop and heat coming from the engine coolant. The idea is attractive but the 
additional complexity of the system may become a serious limitation. 
BMW, that has been the first and probably the most active Original Equipment Manufacturer 
(OEM) to promote the research on the WHR field, has compared different architectures of WHR 
units based on ORC with a WHR unit based on a TE generator [33]. The results are shown in 
Figure 2.2-8, where on the abscissa axis there is the heat utilization rate, thus the potential 
efficiency improvement, and on the ordinate axis there is the system complexity. Three possible 
ORC configurations were considered. 1-Loop-Rankine (A) refers to an ORC where the working 
fluid receives heat just from the exhaust gases, whereas in 1-Loop-Rankine (B) the working fluid 
is heated up also by the engine coolant. In preliminary tests carried out on a test bench by BMW 
using the one loop ORC that recovers heat also from the engine coolant (configuration B), a 2 kW 
power output has been demonstrated at a vehicle speed of 70 mph and at an engine speed of about 
3200 RPM giving rise to a potential 11% efficiency improvement. 
 
Figure 2.2-8: BMW study on Waste Heat Recovery alternatives [33]. 
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Even Honda has given an impulse, [19]. They have proposed an ORC system to recover heat 
from exhaust gases of a 2L engine integrating the evaporator with the exhaust ports that are the 
highest-temperature section of the engine. This feature enables to capture significantly more heat 
in the ORC than the traditional configuration of the evaporator positioned more downstream 
around the exhaust pipe. The prototype of the ORC system they have designed, showed a 
maximum cycle thermal efficiency of 13%, recovering also a portion of heat from the engine 
coolant. At 100 km/h a cycle output of 2.5 kW is possible for an engine output of 19.2 kW; as a 
consequence the overall engine thermal efficiency rises from 28.9% to 32.7%. 
2.2.5 Gasoline vs diesel engines 
Another central point in the discussion is whether gasoline or diesel engines are more suitable for 
WHR applications. As stated before heavy-duty Diesel engines with high EGR rates represent 
probably the best combination. Nevertheless for light-duty engines probably the gasoline ones are 
more suitable. In order to understand this concept it is necessary to analyze what are the strategies 
to cut down the pollutants highlighting the differences between diesel and gasoline engines. The 
common three-way catalytic converter is meant to reduce the emissions of the three main 
pollutants: unburned hydrocarbons (HC), carbon monoxide (CO) and nitrogen oxides (NOx). The 
three-way catalysts address carbon monoxide (CO) and hydrocarbons (HC) exhaust emissions via 
oxidation, while also converting nitrogen oxides (NOx) via reduction [34]. The three-way 
catalysts, also known as Non-Selective Catalytic Reduction (NSCR), are most effective when the 
fuel supplied to the engine has an air-fuel ratio near stoichiometry. As the air-fuel ratio moves 
away from the stoichiometric value the conversion efficiency drops as depicted in Figure 2.2-9 
[17]. Gasoline engines usually operate with an air-fuel ration close to the stoichiometric value, 
thus no further after-treatment devices are needed. 
 
Figure 2.2-9: Three-way catalytic conversion as a function of air fuel ratio [17]. 
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Figure 2.2-10: Selective Catalytic Reduction system layout [35]. 
On the other hand, in diesel engines, combustion occurs with a significant excess of air, right 
zone of Figure 2.2-9, making the conventional three-way catalytic conversion not efficient with 
NOx, and so forcing the engineers to use other approaches to oxidize the nitrogen oxides (CO and 
HC are reduced effectively). There are two different strategies that can theoretically be combined 
together: Exhaust Gas Recirculation (EGR) and Selective Catalytic Reduction (SCR). The EGR 
system seeks to reduce the production of NOx reintroducing exhaust gas cooled down into the 
combustion chamber in order to prevent their formation that strongly increase with increasing 
temperatures. In an SCR system, a liquid reducing agent composed of urea and water is combined 
with engine exhaust in the presence of a catalyst to convert NOx into harmless nitrogen and water 
vapor, see Figure 2.2-10 [35]. 
The ideal chemical reactions can operate in a temperature range from 520 K to 720 K, so for 
Diesel engines that use this after-treatment device, it is very important that their exhaust stream 
has a temperature higher than 520 K, roughly 250 °C, strongly limiting the heat that can be 
recovered from a WHR system which must be placed upstream the catalytic converter. On the 
other hand the exhaust stream recirculated in light-duty vehicle with the EGR system does not 
have enough energy to feed an ORC, because the recirculation rate is significantly lower 
compared to the heavy-duty’s vehicle one. Moreover, EGR system is less efficient in reducing the 
NOx than SCR and, above all, it lowers engine efficiency, so more and more manufacturers are 
opting to use SCR technology. 
Furthermore, the combustion temperature achieved in gasoline engines is higher if compared to 
diesel engines, meaning that in gasoline engines there is a higher energy density in the exhaust 
stream. 
28 
 
Finally, since the potential for recovering a portion of the exhaust gas energy is higher for 
gasoline engines, it seems advantageous to design a WHR system for this kind of light-duty 
vehicles. 
2.2.6 Other considerations on WHR based on ORC in automotive industry 
Despite the numerous advantages that the introduction of WHR systems in cars would bring, 
there are still some difficulties (increase weight, increased installation costs, safety hazards 
related to the working fluid, more complex packaging, more complex control, transient operation 
and increased backpressure) that to be overcome require research efforts and capital investments. 
In light-duty vehicles usually the hood is quite packed and is difficult to find enough room to 
install the components of an ORC, so the path that the pipes have to follow and the location of 
pump, heat exchangers and expander have to be accurately designed. The increased weight has to 
be taken into account when fuel savings are estimated, as well as additional costs have to be taken 
into account when vehicles will be sold. Moreover, the recovery of energy in the ORC is made at 
the expenses of the increased backpressure that reduces the energy efficiency of the in-cylinder 
combustion process. This is an additional problem that has to be considered in designing a WHR 
system especially for naturally aspired engines rather than turbocharged ones [31]. However, the 
main problem is related to the control of the ORC during transient operation. All manufacturers 
agreed that the ORC should be designed at engine operating conditions that occur during a 
highway drive at constant speed and load. Vehicles driven in such conditions will have the 
highest efficiency increase. However, the system should be designed to operate in every situation 
that the vehicle may encounter without being an obstacle (for instance causing a too high back 
pressure), but still providing some efficiency gains. Therefore, ORC systems should include 
different features, such as bypass valves, reservoirs and a control system that guaranties a correct 
off-design point operation. The implementation of the control unit is probably the main challenge 
that still remains. Boretti [36] has imagined some solutions to effectively operate the system 
during transient time and he has simulated the performance of the engine plus heat recovery unit 
on an urban driving cycle as the New European Driving Cycle (NEDC). 
Anyway, a key question that still remains unanswered is whether it is more convenient to use 
directly the mechanical power coming from the expander or to convert it into electrical power. 
Automakers have not yet found out which is the best alternative and there is a lack of research 
articles on this topic. Someone thinks that the best way is to convert the mechanical power into 
electrical power and store it in a battery. It can be a good solution for hybrid vehicles and for 
vehicles that have a lot of electric accessories to feed, for example big trucks that might even 
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have a fridge in it. Nevertheless this further conversion of energy introduces other losses that may 
reduce the potential fuel savings. Instead if the expander is mechanically coupled to the crank 
shaft the power generated by the WHR system is directly utilized to move the vehicle. The only 
problem is that it is not easy to realize this connection, since the ratio between the expander speed 
and the crank shaft speed would be fixed making the parameters of the ORC varying almost 
continuously and thus increasing the complexity of the control unit. A possible solution may be to 
operate the WHR system in a predefined range of engine speeds and decouple it if crankshaft 
speed is outside this range. 
 
2.3 ORC working fluids 
In section 2.1 it has been concluded that the most important design parameters that affect the 
feasibility of a Rankine cycle are the temperature in the evaporator, the temperature of 
superheated vapor at expander inlet and the condensing temperature [37]. However, the cycle 
efficiency is strictly correlated to the working fluid’s normal boiling point, critical pressure, latent 
heat and molecular weight. The selection of the fluid that operates around the cycle is probably 
the most critical design choice. In Waste Heat Recovery industry to recover energy from low 
grade heat are commonly employed ORC, as said in section 2.2. The advantages of ORC over 
steam Rankine cycle become evident when an appropriate working fluid is selected. In this 
selection five different aspects have to be weighed: 
1) thermodynamic and physical properties 
2) chemical compatibility with materials in contact 
3) environmental aspects 
4) safety 
5) availability and cost. 
The fluids employed are classified as refrigerants, ASHRAE Standard 34-2007 [38] defines the 
rules to designate a refrigerant as a number according to the following rules: 
 first digit on the right: number of fluorine atoms 
 second digit from the right: number of hydrogen atoms plus one 
 third digit from the right: number of carbons atom minus one (not used when equal to 
zero) 
 fourth digit from the right: number of unsaturated carbon-carbon bonds in the compound 
(not used when equal to zero). 
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Figure 2.3-1: Types of working fluids: dry, isentropic and wet [39]. 
The lowercase letter that follows the refrigeration designation refers to the form of the molecule 
when different forms (isomers) are possible, with the most symmetrical form indicated by the 
number alone. As the form becomes increasingly unsymmetrical, the letters a, b, and c (lower 
case) are appended (for example, R-134a). If not all of the carbon bonds are occupied by fluorine 
or hydrogen atoms, the remainders are attached to chlorine, [40]. Every refrigerant’s number is 
preceded by the capital letter R. 
2.3.1 Thermodynamic and physical properties 
The thermodynamic and physical properties are features taken into account to make a first 
differentiation between the fluids suitable for a given application from those that are not. Fluid 
density, critical temperature and pressure, latent heat and shape of the saturation curve will be 
discussed. In particular the working fluids are classified according to the slope of the saturation 
curve on the T-s diagram. There are three different types of fluid correspondent to the three 
possible slopes (dT/ds) of the red curve in Figure 2.3-1: wet, dry or isentropic. 
Since the value of dT/ds tends to infinity for isentropic fluids, it is useful to express the fluid type 
as a function of the inverse of the slope (ξ = ds/dT). If this index is greater than zero the fluid is 
classified as a dry fluid, if ξ is about zero the fluid is isentropic, if ξ is smaller than zero the fluid 
is wet [39]. In literature, [41], is also present an empirical equation used to estimate ξ. However, 
the reliability of this equation is limited, large deviation may occur if it is used to estimate ξ at 
off-normal boiling points. So it is convenient to directly plot the saturation curve on a T-s 
diagram and visually establishing whether a fluid is isentropic, dry or wet. 
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As the name suggests, dry fluids avoid liquid formation at the expander outlet. However, if the 
fluid is too dry there will be an excessive superheat at the expander outlet, actually this is not 
always an inconvenient, since the energy left in the fluid can be recovered, by means of an 
internal heat exchanger (recuperator) as in a recuperative Rankine cycle, to preheat the liquid 
after it leaves the pump and before it enters the boiler. On the other hand with wet fluids usually a 
significant amount of superheat is necessary to prevent the formation of droplets at the expander 
outlet. In general is preferable to avoid that state 4, of figures in section 2.1, falls in the two-phase 
region because the formation of liquid would wear the expander lowering its performances.  
Maizza and Maizza [42] have found out that fluids, with a high latent heat, high density and low 
specific heat, absorb more energy from the high temperature heat source thus should be preferred 
in WHR applications also to reduce the size of the system and the working fluid mass flow rate 
required. On the contrary Yamamoto [43] thinks that, since the expander inlet temperature of a 
low-grade heat recovery ORC is limited and that the thermal efficiency of the cycle is low, the 
best way to maximize the power output of the cycle is to have a high mass flow rate, hence low 
latent heat and high density fluids are to be preferred to increase the expander inlet flow rate. In 
order to answer to this questions Chen, Goswami and Stefanokos [39] have carried out a 
theoretically analysis that, even if it is based on some simplifying assumptions, shows how the 
isentropic enthalpy drop (hence work per unit mass) across the expander increases with higher 
latent heat when the other parameters are defined. This fact can be explained also considering that 
big latent heat means long line in the T-s diagram hence the total area of the cycle that is 
proportional to the work output (as said in section 2.1) increases. In short, fluids with high 
density, low specific heat and high latent heat should be preferred to maximize the expander work 
output. 
Finally considerations about critical temperature and pressure have to be done. Condensation is a 
necessary process in an ORC and usually, in WHR applications, occurs at a temperature not 
lower that 310 K in order to reject heat to the ambient. Therefore fluids that have critical 
temperature below 310 K (like methane) are excluded. Moreover, the freezing point of the fluid 
must be below the lowest operating temperature in the cycle. The fluid must also work in an 
acceptable pressure range, compatible with the reliability of the entire system [39]. 
2.3.2 Chemical compatibility with materials in contact 
Unlike water, the chemical compatibility with materials that enter in contact with organic fluids is 
a concern and has to be verified. Another difference from water is that organic fluids may suffer 
chemical deterioration and decomposition at high temperatures. 
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Thus the maximum operating temperature of the cycle is limited to guarantee the stability of the 
working fluid. In literature several studies have been carried out to assess the chemical stability of 
organic fluids with steel and other materials commonly employed in engines as well as their 
thermal stability at high temperatures and pressures [44], [45] and [46]. The working fluids used 
tested throughout this test are all compatible with steel in the range of temperature considered. 
2.3.3 Safety 
As explained before, the American Society of Heating, Refrigeration and Air Conditioning 
Engineers (ASHRAE) Standard 34-2007 establishes a simple means of referring to common 
refrigerants replace the chemical names with numbers. It also includes a safety classification that 
is a good estimation of the level of danger of the refrigerant. Generally, characteristics like non-
corrosive, non-flammable and non-toxic are expected. However, this is not always possible and 
many fluids used in the past in ORCs are considered flammable under certain conditions (in 
presence of ignition sources or high temperature) [39]. The designer in choosing the working 
fluid should always be aware of the risks associated with the substance and avoid operating the 
fluid in conditions that may cause damage to people or devices. The safety groups are denoted by 
a capital letter and a number. The capital letter indicates the toxicity; A for non-toxic fluids and B 
for toxic fluids. Instead the following number indicates the degree of flammability; Class 1 means 
no flame propagation, Class 2 indicates moderate flammability, whereas Class 3 signifies 
refrigerant having high flammability [38] and [40], look at Figure 2.3-2 for reference. 
2.3.4 Environmental aspects 
Organic fluids are themselves pollutants and their impact on the environment has to be taken into 
account carefully. In particular there are three indexes that must be monitored before proceeding 
with the selection of the fluid: 
 
Figure 2.3-2: ASHRAE Standard 34-2007 safety classification [38]. 
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 Ozone Depletion Potential (ODP): ratio of global loss of ozone due to a given substance 
over the global loss of ozone due to CFC-11 of the same mass. The ODP number can be 
estimated looking at the chemical composition of the fluid. Chlorofluorocarbons (CFC) 
have ODP numbers roughly equal to 1. Hydrochlorofluorocarbons (HCFC) have ODPs 
mostly in range 0.005-0.2 due to the presence of the hydrogen which makes vulnerable to 
reaction in the lower atmosphere, therefore reducing their chance to reach the 
stratosphere. Hydrofluorocarbons (HFC) have no chlorine content, so their ODP is 
basically zero [47]. 
 Global Warming Potential (GWP): is a measure of how much heat traps in the 
atmosphere a certain mass of a greenhouse gas compared to the heat trapped by an equal 
mass of carbon dioxide. It is calculated on a time interval of 20, 100 or 500 years. It is 
usually used along ODP index to quantify how much dangerous for the environment a 
fluid can be [48]. 
 Atmospheric Lifetime (ALT): is a measure of how long it takes to restore the equilibrium 
following a sudden increase or decrease of the concentration in the atmosphere of the 
greenhouse gas in question. It can vary from few days to several thousands of years and 
is very important because it helps to understand the long term impact of a greenhouse 
gas. 
Due to environmental concerns different fluids have been already phased out (R-11, R12, R-113, 
R-114), while others will be phased out in 2020 or 2030 (such as R-21, R-22, R123, R124, R141b 
and R-142b). 
2.3.5 Availability and cost 
The availability and cost of the working fluids are among the considerations when selecting 
working fluids. Traditional refrigerants used in ORC are expensive, [39]. However, for mass 
production devices, as a WHR system for vehicles would be, refrigerants suppliers play an 
important role, since they can offer large discounts to purchase a fluid rather than another. In 
general the cost of refrigerants is lower if they are massive produced and hydrocarbons such as 
pentane are cheaper than more complex, chemically speaking, compounds. To conclude, in 
designing an ORC the economic aspect should always be considered when two or more working 
fluids have to be compared. The adoption of a fluid, that has better performances with respect to 
another one, must always be economically justified. 
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2.4 ORC vs steam Rankine cycle 
The best way to understand the differences between an Organic Rankine Cycle and a steam 
Rankine cycle is to compare the shapes of the saturation curves of the organic fluids commonly 
employed in ORCs with the water one [49]. With reference to Figure 2.4-1, where the saturation 
curves of common organic fluids and water are plotted in the T-s diagram, the following 
considerations can be made: 
 The slope of the saturated vapor curve (the right part of the saturation curve) is very 
negative for water. On the contrary the organic fluids have a saturated vapor curve that is 
much sharper and in some cases the slope may even became positive as happens for the 
pentane that is a dry fluid. Even a wet fluid as the R21 has a slope of the saturated curve 
that is definitely less negative that the water’s one. As a consequence, for the organic 
fluids there is no need of a significant superheating before the expander inlet since the 
fluid after the expansion is very likely to stay in the vapor area. On the other hand in 
steam Rankine cycles the temperature at the expander inlet must be at least 450 °C to 
avoid the formation of droplets, this leads to high thermal stresses. The absence of liquid 
droplets at the end of the expansion for organic fluids reduces the risk of corrosion and 
wear of the expander, increasing the lifetime of the expander. 
 The difference between the entropy of the saturated liquid and the saturated vapor is 
much smaller for organic fluids. In other words the organic saturation curve is 
significantly narrower. This means that also the enthalpy of vaporization is smaller, hence 
for the same heat transfer rate through the evaporator the organic fluid mass flow rate 
will be much higher than that of water, that in turns means a higher pumping power 
requested for a given work per unit mass. 
 As a matter of fact, the size of the components is strictly correlated to the volume flow 
rate of the working fluid because pressure drop increase with the square of the velocity. 
As previously said the flow rate of the working fluid is much higher for an organic 
working fluid, hence to reduce the velocity and, as a consequence, the pressure drop is 
necessary to increase the hydraulic diameter of the pipes and of the heat exchangers. 
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Figure 2.4-1: Saturation curves on T-s diagram. 
 As previously mentioned, the critical temperature and pressure of an organic fluid are 
much lower than those of water. This allows the ORC to recover energy efficiently from 
low and medium temperature heat sources, as the exhaust gases of an internal combustion 
engine of a vehicle. Furthermore organic fluids enable to prevent freezing of the working 
fluid and air infiltration problems encountered with steam Rankine cycle due to the 
higher critical temperature and critical pressure of water [30].  
 In steam Rankine cycle to higher thermal stresses correspond higher mechanical stresses, 
in fact the high pressure side of the cycle can reach pressures of about 6000-7000 kPa 
whereas for an ORC those pressures do not exceed 3000 kPa. 
 It is generally advisable that the condensing pressure is higher than the atmospheric one 
in order to avoid air infiltration in the cycle. Low critical temperature organic fluids, such 
as R134a and R245fa, meet this requirement. However, water and other organic fluids 
with higher critical temperature usually have a condensing pressure lower than the 
atmospheric pressure. 
 Economically and environmentally speaking water is very convenient if compared to the 
organic fluids. In fact water is cheaper and is available in huge amounts, it is not toxic, it 
is not flammable (safety group A1 the only organic fluid that belongs to the same group 
is R134a), it has a low viscosity, it is chemically stable and, above all, it is an 
environment friendly fluid (low GWP and null ODP). 
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 In steam cycles the compression ratio in the pump and the enthalpy drop across the 
expander are significantly higher, hence usually multi-stage expander are employed. In 
ORC the enthalpy drop is lower single-stage expanders are used making the design of the 
expander easier [30]. Moreover, the expander for an ORC is usually more compact since 
the organic fluids have a higher density. 
To conclude, a Rankine cycle operated with an organic working fluid is more profitable in the 
low and medium power ranges (less than one MW) and for heat sources with low temperatures. 
Since in vehicle applications the power range is of few kW and the heat source is at low or 
medium temperatures the ORC has to be preferred to the traditional steam Rankine cycle. 
 
2.5 ORC components modeling 
2.5.1 Expander 
The component that influences the most the efficiency of an ORC is the expander. Since expander 
is also the most expensive component, along with the boiler, an accurate choice of this 
component has to be made. There are several parameters that are considered in the selection 
procedure such as isentropic efficiency, pressure ratio, power output, lubrication requirements, 
complexity, space and weight restrictions, working fluid, rotational speed range, vibrations, 
reliability and costs [10], [18]. For low power outputs applications, like the Waste Heat Recovery, 
several researches have demonstrated that positive displacement compressors can be efficiently 
utilized as expander. The main types of expanders available in the literature are here briefly 
compared. 
2.5.1.1 Turbine 
Turbines are dynamic machines commonly used in power generation plants at output powers 
higher than 100 kW [50]. In such applications efficiencies around 90% can be achieved whereas 
for smaller output power values the efficiency decreases significantly becoming unacceptable for 
power outputs around 10 kW. The most critical factor in a turbine is the tip speed the must be 
very high in order to have a blade Reynolds number of about 10
6
. This condition is very difficult 
to be achieved for small scale turbines, since the radius of the turbine itself is small, unless very 
high rotational speeds were used with potential reliability issues. Another problem with turbines 
is that the blades can be seriously damaged in the case there is formation of droplets at the end of 
the expansions. This is likely to happen especially for wet fluids with no high superheating. 
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Figure 2.5-1: Schematic drawing of a micro turbine utilized in ORC applications [43]. 
Moreover, turbines have very small pressure ratio usually less than 2 [10], in an ORC pressure 
ratios up to 10 are possible so multiple stages turbines are needed which may increase 
significantly the complexity of the system as well as costs. Finally turbines have poor off-design 
performances, since in a vehicle the heat available in the exhaust gases may vary a lot during 
time, a turbine does not represent the best solution. For instance Yamamoto, Furuhata, Arai and 
Mori [43] have tested a small turbine for an ORC proving a 46% isentropic efficiency at the 
reference heat input in the boiler, but if the heat input is reduced by a 25% the isentropic 
efficiency of the expander drops dramatically to 15%. 
2.5.1.2 Reciprocating piston 
Pistons are a widely used positive displacement machines. If a piston is employed in an ORC the 
expansion process is composed by three phases; intake, expansion and exhaust. A precise balance 
is required as well as an accurate timing of the valves during intake and exhaust phases in order to 
guarantee the correct functioning of the expander [10]. Friction losses are a major concern for this 
kind of expander due to the interaction that occurs between the rings the piston and the cylinder. 
In an ORC, where no combustion process takes place, this problem can be mitigated by 
dissolving a portion of lubricant in the working fluid. Other causes of irreversibilities are finite 
time taken by valves and heat transfer through the cylinder walls [18]. Bosch GmbH [28] has 
tested a reciprocating piston as an expander of a Rankine cycle for WHR application on a heavy-
duty commercial vehicle. The huge amount of exhaust heat available in a heavy-duty vehicle 
allowed the researchers to utilize as a working fluid water and ethanol. Such expander were 
compared to a turbine and the results showed that in the case water were used as a working fluid a 
reciprocating piston gives better performances than a turbine. However, if ethanol were used, 
turbine and piston give approximately the same power output even if they may slightly change in 
function of the heat input in the cycle. Among the car manufacturers Honda R&D Co. [19] has 
tested an ORC having as expander a plate axial piston with an electric generator integrated. 
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Figure 2.5-2: Schematic drawing of a reciprocating piston type of expander [51]. 
They opted for this solution mainly to reduce the size of the expander, with promising results in 
terms of performances and compactness. Nevertheless, despite the fact that reciprocating pistons 
are a well-established technology, the trend is to prefer other type of expanders in ORCs. 
2.5.1.3 Rotary vane 
A rotary vane is a positive displacement type of expander in which a high temperature high 
pressure vapor enters the inlet and starts to expand making the rotor move. As the rotor moves the 
expansion volume increases, until the expansion is completed and the vapor is exhausted. This 
kind of expander is robust, can withstand high pressures, it can tolerate wet expansion and has 
very few vibrations [10]. However, it has very high friction losses and very high leakages which 
strongly reduce the isentropic efficiency. Mohd, Yamada and Hoshino [52] have tested the 
performance of this device on an ORC with a low temperature heat source proving a maximum 
48% isentropic efficiency. Rotor vane type of expander applied in an ORC has not been further 
investigated in literature. 
 
Figure 2.5-3: Schematic drawing of a rotary vane type of expander [10]. 
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Figure 2.5-4: Schematic drawing of a rolling piston type of expander [10]. 
2.5.1.1 Rolling piston 
Rolling piston, Figure 2.5-4, is a positive displacement type of expander, which shares several 
advantages and drawbacks with the rotary vane type. As a matter of fact rolling pistons can 
handle high pressures, have a simple construction and can tolerate wet expansion. On the other 
hand there are major efficiency losses due to frictions and leakage that occurs between the rolling 
piston and the cylinder walls, [53]. 
In a solar powered ORC using R245fa as a working fluid a rolling piston expander was used and 
tested [54]. The results reported certify a 45.2% isentropic efficiency at 800-900 RPM. However, 
even if friction losses are reduced if compared to a rotary vane expander, since there are less 
moving parts, it does not represent an attractive solution for WHR systems based on ORCs 
especially in vehicle applications, that’s why it has not been extensively investigated in literature. 
2.5.1.2 Scroll expander 
Scroll expander is a positive displacement machine that, as rotary vane and rolling piston, was 
borne as a compressor for refrigeration and air conditioning industry but can be easily converted 
to expander mode with good results. As previously mentioned positive displacement type of 
expanders appears to be more suitable for ORCs applications with low power outputs because 
they are characterized by lower flow rates, higher pressure ratios and much lower rotational 
speeds [55]. It has a geometry that is much more complicated than that of the other positive 
displacement expanders thus manufacturing tolerances must be very tight; however it seems to be 
the best solution for ORCs applications. 
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Figure 2.5-5: Schematic drawing of a scroll type of expander [49]. 
It can handle high pressures and wet expansion, moreover it can achieve high pressure ratios, it is 
reliable and it has very good off-design point performances.  
With reference to Figure 2.5-5 a scroll expander is made up by two interfitting spiral-shaped 
scroll members. They are called fixed and orbiting scroll since the first one does not move while 
the second one orbits around the shaft center. The intake section is in the central region of the 
scroll. A portion of the vapor is trapped in a pocket that is moved toward the scroll periphery as 
the orbiting scroll rotates [56]. During this process the pocket volume increases according to the 
working fluid expansion. Generally it takes two or three shaft rotations to achieve the fully 
expanded state and bring the working fluid from the intake to the exhaust state. One of the main 
advantages of the scroll expander is that the expansion process is smooth and continuous without 
vibrations and pulsations, as in reciprocating piston expander. 
The principal contributor to the efficiency losses is the internal leakage [55]. There are two main 
leakage passages in a scroll expander, known respectively as flank leakage and radial leakage 
[10]. The latter is due to a gap between the bottom or the top plate and the scrolls, whereas the 
radial leakage results from a gap between the flanks of the scrolls [57]. Several applications and 
studies have proven that isentropic efficiencies that range from 40% to as high as 83% can be 
achieved [50], [56], [58] and [59]. Moreover, good performances have been reported in literature 
at partial loads [60]. It has been investigated extensively in literature and so far it is the most used 
expander for small scale ORCs, however for automotive applications it has been tested only on 
stationary test rigs. 
2.5.1.3 Expander modeling 
In order to predict the performances of an expander in an ORC is necessary to mathematically 
model its behavior in order to carry out simulations. The power generated by any type of 
expander can be modeled according to an energy balance equation such as that presented by 
Wang et al. [61]: 
  ̇     ̇  (      )     (2.24) 
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Figure 2.5-6: Conceptual scheme of a scroll expander model [55]. 
The subscripts refer to the states indicated in Figure 2.1-8. Instead h4s is the enthalpy per unit 
mass that the working fluid would have at the expander outlet for an isentropic efficiency equal to 
one (s4s=s3). Basically knowing the fluid properties at the expander inlet (state 3) h4s can be 
computed looking at the fluid properties and for a given isentropic efficiency and a working fluid 
mass flow rate the power generated by the expander can be computed. Nevertheless this simple 
equation does not give any indication of what happens inside the expander. In the following, two 
different ways to model a scroll expander for ORCs will be presented. 
Lemort et al. [55] have proposed a semi-empirical model of a scroll expander. In particular they 
have decomposed the transformation that take place in the expander into six different steps. 
With reference to Figure 2.5-6 the steps will be reported and briefly explained: 
1) Adiabatic supply pressure drop: it accounts for all pressure losses encountered by the 
fluid from the suction line to the suction chamber. The main cause of this pressure loss is 
that during part of the suction process the expander suction port is blocked by the tip of 
the orbiting scroll, and the actual suction port area is reduced, Figure 2.5-7. 
2) Isobaric supply cooling down: the working fluid is cooled down at constant pressure, this 
heat losses occur between the working fluid and the scroll, between the working fluid and 
the expander shell and between the shell and the outside ambient. In the model presented 
both supply and exhaust heat transfers are computed introducing a fictitious metal 
envelop at uniform temperature. 
3) Adiabatic and reversible expansion to the pressure imposed by the built-in volume ratio 
of the expander. 
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Figure 2.5-7: Suction chamber of a scroll expander [55]. 
Only a portion of the working fluid mass flow rate, called internal mass flow rate, enters 
the expander and takes part to step 3 and step 4. The remaining is leakage mass flow rate 
that does not participate. The internal mass flow rate generates useful power, computed 
as the sum of the suction, expansion and discharge powers. 
4) Adiabatic expansion or compression at a constant volume: after the expansion has 
occurred the pressure of the working fluid can be either higher or lower of the system 
discharge pressure. This happens because the internal pressure ratio imposed by the 
expander is fixed. The model proposed by Lemort et al. assumes that as soon as the 
exhaust port is opened the internal mass flow rate slightly changes in order to compensate 
this pressure difference. Basically if pad>pex the internal mass flow rate slightly decrease 
in order to make the internal mass flow rate fluid pressure equal to the discharge line 
pressure. Vice versa if pad<pex the internal mass flow rate slightly increases. After this 
equilibrium is achieved the actual discharge process takes place. 
5) Adiabatic mixing between supply and leakage flow. 
6) Isobaric exhaust cooling down or heating up. 
This model has been validated by the authors of the article and gives predictions with a maximum 
deviation of 2% with respect to the measurements. Unfortunately this model relies on parameters 
that have to be found from performance measurements. Hence it does not look like suitable for 
simulations that have to be carried out in early design stages, basically when a physical prototype 
of the machine is not yet available. 
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Figure 2.5-8: Conceptual scheme of a scroll expander model [56]. 
On the other hand Oralli et al. [56] have developed a model for a scroll expander that does not 
require any specific data that comes from experimental tests. The model proposed is reported in 
the following. 
As in the model presented before, only a portion of the working fluid mass flow rate enters the 
scroll expander, the remaining part bypasses the expander and does not produce power. The core 
expansion process according to this model evolves first isentropically from state 1 to 2s of Figure 
2.5-8, followed by a constant volume pressure rise from 2s to 2a. Only a portion of the power 
generated during the isentropic expansion can be used, in fact a portion of this power is 
reintroduced in the working fluid as heat and contributes to the pressure rise of the fluid from 2s 
to 2a. 
2.5.2 Heat exchangers 
In ORCs for WHR applications the core component in which actually the energy, that otherwise 
would have been lost, is recovered is the evaporator (or boiler). The importance of this 
component results evident since the more heat is captured by the evaporator the greater is the 
additional work that can be potentially produced by the ORC. Moreover, as mentioned in the 
previous sections, in an ORC there is at least one more heat exchanger, the condenser, and in 
recuperative ORC there is even a third one, the recuperator. The total cost of these three heat 
exchangers accounts for more than a half of the total cost of the components of an ORC. The 
main issues related to such devices are the same of the usual heat exchangers; pressure drop, heat 
transfer rate and temperatures at the inlet and outlet sections. In particular the pressure drop, 
hence friction factor, on the exhaust gas side (hot side of the evaporator) should not be too high, 
since, very likely, the evaporator in question is installed upstream with respect to the turbine, and 
so the exhaust gas has to maintain some exhergy in order to expand and generate as much power 
as possible. Moreover, for vehicle applications, size and weight of the heat exchangers should be 
limited. 
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Figure 2.5-9: Layout of the shell and tube evaporator [32]. 
Nowadays, boiler employed are able to recover about the 50% of the heat potentially available in 
the exhaust gases (recovery efficiency defined as Equation (2.21)), it is a good result but it can be 
further improved increasing the exchanger effectiveness still considering the capital costs. In 
literature applications of shell and tube heat exchangers are reported, [21] and [32], as well as 
counter-flow heat exchangers [62] and tube and fins heat exchangers [19]. 
In particular, Bae et al. [32] have modified the parameters, such as baffle distance and number of 
passages, of a shell and tube heat exchanger in order to study the heat transfer rate and pressure 
drop variations of a boiler, see Figure 2.5-9. They have concluded that a two passages shell and 
tube heat exchanger with baffle positioned at 14.5 mm is the solution that gives the best heat 
transfer rate with a still acceptable pressure drop. 
To analyze and model a heat exchanger, regardless the heat exchanger type, the most important 
parameter is the heat transfer rate that takes place in the component. Figure 2.5-10 illustrates a 
counter-flow heat exchanger where the subscripts “h” and “c” denote respectively the hot and 
cold side and the subscripts “1” and “2” denote the section of the exchanger. In this case the heat 
transfer rate can be computed with the following equation: 
  ̇   ̇    (       )   ̇    (       ) (2.25) 
However, when modeling an ORC only the temperatures at the inlet section of both cold and hot 
side of the exchanger are known. In this case the heat transfer rate can be computed in different 
ways. The most utilized method is called ε-NTU, by knowing the effectiveness of the exchanger 
(ε) the heat transfer rate can be computed as follows: 
  ̇        (       ) (2.26) 
Where Cmin (minimum heat capacity rate) is the smallest between the ̇      and ̇     . 
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The term inside the bracket is the maximum possible temperature difference, in a real heat 
exchanger the effectiveness is less than 1 so the outlet temperature of the cold side fluid will be 
always lower than the inlet temperature of the hot side fluid. This method requires that the side in 
which there is the minimum heat capacity rate is known; in the boiler of a WHR unit based on an 
ORC, the side that has the lower heat capacity rate is the hot side where the exhaust gases flow, 
[8] and [63]. The outlet temperature of the fluid in this side is then computed with the following 
equation: 
          (       ) (2.27) 
Hence for the evaporator considering that the hot fluid is the exhaust gas: 
                   (          ) (2.28) 
As a matter of fact the key parameter to apply this method is the effectiveness of the heat 
exchanger. This parameter is far from being constant for every operating conditions, and is 
function of numerous other parameters. However, according to Shah and Sekulic [64], 
rearranging all the variables it turns out that, for a given flow arrangement, the effectiveness of an 
heat exchanger is only function of two non-dimensional groups called heat capacity rate ratio (C
*
) 
and number of transfer units (NTU). The latter is defined as the overall heat transfer coefficient 
multiplied by the heat transfer surface and divided by the minimum heat capacity rate: 
      
  
    
 (2.29) 
Whereas the heat capacity rate ratio is simply the ratio of the minimum heat capacity rate over the 
maximum one: 
     
    
    
 (2.30) 
For a known heat exchanger, if effectiveness maps are available and C
*
 as well as NTU can be 
determined the effectiveness is univocally defined. 
 
Figure 2.5-10: Heat transfer model of a counter flow heat exchanger [64]. 
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Finally, in order to make a more complete and accurate analysis of what happens inside a heat 
exchanger it is important to find out the section where the minimum temperature difference 
between the cold fluid and the hot fluid occurs (pinch point). This concept is explained referring 
to the boiler. The fluids may follow two possible temperature profiles as illustrated in Figure 
2.5-11. In both cases Equation (2.40) holds, however there is an important difference in the way 
the mass flow rate of the working fluid is computed. In the first case the pinch point occurs at the 
exhaust gas outlet section, left side of Figure 2.5-11. Assuming that data on the working fluid 
mass flow rate and specific heat are available, the working fluid mass flow rate for a given 
temperature at state 3 is computed as follows: 
  ̇   
 ̇        (                )
(     )
 (2.31) 
On the other hand several articles ( [5], [6] and [39]) have reported that the pinch point might 
occur in the section of the heat exchanger where the working fluid reaches the saturated liquid 
state, right side of Figure 2.5-11. In this case the working fluid mass flow rate required is given 
by: 
  ̇   
 ̇        (              )
(      )
 (2.32) 
Where Texh,PP is the temperature of the exhaust gases at the pinch point. 
From this point on all the heat exchangers will be assumed to be of counter-flow type. 
 
Figure 2.5-11: Evaporator temperature profile. 
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3. SIMULATION TOOLS DEVELOPMENT 
3.1 Preliminary model of ORC for assessing design alternatives 
In the early design phase the goal was to assess the feasibility of an Organic Rankine Cycle based 
system to recover energy from the exhaust gas of an engine, understanding how different 
variables influence the net power output of an ORC operating under certain constraints in 
stationary operating conditions. Hence, a set of energy balance equations, describing each 
component of an ORC, has been developed in order to compare the performance achievable with 
a standard ORC and a recuperative ORC by different organic fluids at various operating 
conditions. The thermodynamic model was built and calculated using a Matlab application with 
Refprop [65]. 
Since the ORC is meant to recover energy from the exhaust gases, the input data of the analysis 
were the exhaust gas temperature (Texh,in), mass flow rate ( ̇   ) and specific heat (Cpexh) at the 
evaporator inlet. The preliminary model is operates with constant inputs evaluated at target 
vehicle operating conditions (design point). 
The model developed takes into account four main variables that appear to be the most 
influencing in an ORC design. The first variable is the type of system layout; in fact two different 
mathematical models have been set up for a standard ORC and a recuperative ORC. The second 
variable is the type of working fluid, for instance for the recuperative ORC shown in Figure 3.1-1 
six different organic working fluids have been compared. Finally the third and fourth variables 
were the pump compression ratio and the expander inlet temperature, basically for a given system 
layout and a given organic working fluid several combinations of pump compression ratio and 
expander inlet temperature have been used to evaluate the net power output of the system. 
3.1.1 Preliminary model input data 
Once the program is run it asks for several input data. In particular, in the first widow the user has 
to insert the pump inlet temperature, that is assumed to be equal to the condensing temperature, 
the maximum temperature at the expander inlet and the maximum and minimum pump 
compression ratio, Figure 3.1-2. These inputs are very important because they are used to define 
the range of compression ratio and expander inlet temperature utilized throughout the program. 
More specifically, the pump compression ratio is assumed to vary from the minimum pump 
compression ratio, that is set high enough in order that the pump provides the minimum pumping 
power to the working fluids to overcome the pressure drops in the heat exchangers and pipes, to 
as high as the maximum pump compression ratio. 
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Figure 3.1-1: Recuperative ORC system layout for preliminary analysis. 
 
Figure 3.1-2: First input window of the preliminary model. 
On the other hand, the expander inlet temperature is assumed to vary from the saturated vapor 
temperature of the selected working fluid at the expander inlet pressure, up to the maximum 
expander inlet temperature defined in the first input window, that usually corresponds to the 
maximum temperature that the expander can withstand without potential damages. 
In order to better understand how the pump compression ratio and the expander inlet temperature 
are chosen an example is reported in Figure 3.1-3, where the Mollier diagram of the R245fa is 
plotted. By imposing that the working fluid at the pump inlet (state 1) is in the saturated liquid 
condition at a temperature of 35 °C the pressure at the pump inlet is univocally defined. 
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Figure 3.1-3: R245fa Mollier diagram. 
Now, knowing that the pump compression ratio may vary from 3 to 10, the state 2 lays 
somewhere in the red segment drawn on the left side of Figure 3.1-3. For each pressure at state 2 
the temperature at state 3 can vary from the temperature of the saturated vapor to the maximum 
expander inlet temperature, thus state 3 falls inside the area defined by the green lines in Figure 
3.1-3, on the right side of the saturation curve. For each combination of state 2 and state 3, hence 
for each combination of pump compression ratio and expander inlet temperature, the net power 
output of the system is computed. 
The second input window asks to the user to insert data about the exhaust gases Figure 3.1-4. 
Once this data are specified other parameters, mainly regarding the effectiveness and pressure 
drop in the heat exchangers and the isentropic efficiency of the pump and of the expander, have to 
be put in the model, Figure 3.1-5, Figure 3.1-6 and Figure 3.1-7. These parameters have been 
assumed in order to make the results more realistic, but, for the purpose of the preliminary 
analysis, they are not very important. The objective here is not to assess accurately the net power 
output of the system, but rather to compare the net power output achievable with different 
combinations of the pump compression ratio and expander inlet temperature in different system 
architectures. 
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Figure 3.1-4: Second input window of the preliminary model.7 
At the beginning of the program an array containing the names of the different working fluids 
compared is defined. The thermodynamic properties of such fluids are stored in a database called 
Refprop, there is a Matlab function called “refpropm.m” that, interrogating this database, is able 
to return every kind of thermodynamic property of the fluid in question at a given state if two 
other properties are known. For example if temperature and pressure are known the database can 
be interrogated, the table of properties of the desired fluid can be read and the enthalpy, the 
density as well as all the other properties can be evaluated. 
In the following paragraphs, the set of equations utilized to compute the fluid properties at each 
state around the cycle and the main outputs is presented referring to a recuperative ORC, Figure 
3.1-1. 
 
Figure 3.1-5: Third input window of the preliminary model. 
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Figure 3.1-6: Fourth input window of the preliminary model. 
 
Figure 3.1-7: Fifth input window of the preliminary model. 
3.1.2 Algorithm resolution 
3.1.2.1 Pump 
As previously mentioned the condenser outlet (pump inlet) state is taken as saturated liquid at a 
temperature that is about as low as we can cool the working fluid using ambient air as heat sink. 
Since at the saturated liquid state only one thermodynamic property is sufficient to univocally 
define the others. The temperature at state 1 (T1) has been already specified in the first input 
window, thus the program with a “for” loop uploads from Refprop, pressure, enthalpy, entropy 
and density of the fluid at state 1 (p1, h1, s1 and ρ1) of each working fluid. 
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Figure 3.1-8: Working fluid array, state 1 thermodynamic properties and definition of the range of p2 and T3. 
Then the recuperator inlet (pump outlet) pressure (p2) is determined as: 
         (3.1) 
Where, β is the pump compression ratio. An “if” loop limits the maximum pressure at state 2 in 
the case that, for a certain compression ratio, the pressure at state 2 is higher than the critical one, 
Figure 3.1-8. 
Then two other “for” loops begin, one for each possible pressure at the state 2 and the other one 
for each temperature at state 3. The work per unit mass requested by the pump is: 
     
     
  
  
 
     
 (3.2) 
Where the density of the fluid at liquid state remains constant across the pump and ηpump is the 
pump isentropic efficiency. Since the work per unit mass is equal to the pressure rise across the 
pump, the enthalpy at state 2 is: 
           (3.3) 
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Figure 3.1-9: State 2 thermodynamic properties. 
Two fluids properties are necessary to completely define a state around the cycle, so once h2 and 
p2 are defined the other fluid properties at state 2 are determined using the Refprop database 
Figure 3.1-9. 
3.1.2.2 Boiler 
The pressure at the boiler outlet (p3) is equal to the pressure at the pump outlet minus the pressure 
drop across the high side of the recuperator (Δp22’) and boiler (Δp2’3): 
                   (3.4) 
 
Figure 3.1-10: State 3 and 4 thermodynamic properties. 
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The temperature at the boiler outlet or expander inlet (T3) is an independent variable and so it is 
already defined. Since p3 and T3 are determined the remaining properties of the fluid are uploaded 
from Refprop Figure 3.1-10. 
3.1.2.3 Expander 
The pressure at the expander outlet (p4) must be equal to the pressure at the pump inlet (p1) plus 
the pressure drop across the low side of the recuperator (Δp44’) and condenser (Δp4’1). 
                   (3.5) 
The enthalpy at the expander outlet is given by: 
             (           ) (3.6) 
Where ηexp is the isentropic efficiency of the expander, defined in the third input window, and 
h4,ideal is the enthalpy that the fluid would have considering an ideal isentropic expansion from p3 
to p4. Taking into account that isentropic expansion means that s3=s4,ideal and that p4=p4,ideal, h4,ideal 
can be determined from Refprop. 
The corresponding work per unit mass produced in the expander is equal to the enthalpy drop 
across the expander, hence: 
     (     ) (3.7) 
Once h4 and p4 are obtained T4, s4, ρ4 are determined from the fluid properties database Figure 
3.1-10. 
3.1.2.4 Recuperator 
This component is assumed to be a counter-flow heat exchanger with a given effectiveness 
defined in the fourth input window. The ε-NTU method is used to solve this component. Since 
the mass flow rate is equal for both sides, the maximum temperature difference between inlet and 
outlet takes place in the side where the specific heat is the lowest. In general the specific heat of 
the working fluid at the inlet of the low pressure side of the recuperator (state 4) is higher than the 
specific heat at the inlet of the high pressure side of the recuperator (state 2). Hence, for a given 
recuperator effectiveness εrec, the temperature at the outlet of the low pressure side of the 
recuperator (T4’) is computed as follows:  
            (     ) (3.8) 
The low side outlet pressure (p4’) is equal to inlet pressure minus the pressure drop across the 
recuperator (Δp44’): 
              (3.9) 
Finally from Refprop the correspondent enthalpy, entropy and density of the fluid are computed. 
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The heat extracted from the low pressure side of the recuperator is transferred to the high pressure 
side. Since we are making a unit mass flow rate analysis, the enthalpy drop/rise must be equal on 
both sides of the recuperator, allowing evaluating the enthalpy at the boiler inlet: 
        (      ) (3.10) 
Taking into account that: 
              (3.11) 
T2’, s2’ and ρ2’ are uploaded from the database. It must be pointed out that at state 2’ the fluid 
should be sub-cooled liquid. There is a “if” loop” that in the case the state 2’ computed with 
Equations (3.10) and (3.11) falls in the two-phase region of the Mollier diagram sets the state 2’ 
on the saturated liquid curve still at pressure p2’. The resulting new h2’ is used to determine the 
actual enthalpy drop in the low pressure side of the recuperator that is limited, hence new h4’ and 
T4’ slightly higher are computed, Figure 3.1-11. 
 
Figure 3.1-11: State 2’ and 4’ thermodynamic properties. 
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Anyway, the heat per unit mass exchanged in the recuperator is equal to the enthalpy difference 
between inlet and outlet state in both sides: 
                         (3.12) 
3.1.2.5 Condenser 
The inlet and outlet state of the condenser are already fully defined (state 4’ and state 1). So we 
can directly compute the heat transferred per unit mass to the heat sink, usually ambient air. 
                         (3.13) 
3.1.2.6 Mass flow rate 
Once the fluid properties in the points of interest around the cycle are known, the required mass 
flow rate of the working fluid can be estimated writing the energy balance of the boiler. Given the 
boiler effectiveness (εboiler) defined in the input windows, the boiler outlet temperature on the 
exhaust gas side (Texh,out) is:  
                        (           ) (3.14) 
Thus, the heat transfer rate taking place in the boiler is: 
  ̇     ̇        (                ) (3.15) 
Where, the mass flow rate and the specific heat of the exhaust gas are input data. On the working 
fluid side, the heat transfer rate is equal to the enthalpy rise times the mass flow rate of the 
working fluid ( ̇  ) that still needs to be found Figure 3.1-12. Thus: 
  ̇   
 ̇   
(      )
 (3.16) 
3.1.2.7 Power balance 
At this point since the fluid properties are computed in every state around the cycle and the 
working fluid mass flow rate is determined, the outputs can be computed. The power 
generated/requested by a component is equal to the mass flow rate multiplied by the work per unit 
mass generated/requested by the component Figure 3.1-11Figure 3.1-12.  
In particular, the power requested by the pump is: 
  ̇    ̇        ̇  (     ) (3.17) 
Whereas the power generated by the expander is: 
  ̇    ̇        ̇  (     ) (3.18) 
The net power is the difference between the power output of the expander and that of the pump: 
  ̇     ̇    ̇   (3.19) 
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The heat rejection rate in the condenser is: 
  ̇     ̇        ̇  (      ) (3.20) 
Finally the heat transfer rate in the recuperator is: 
  ̇     ̇         ̇  (      ) (3.21) 
3.1.2.8 Efficiencies 
Then the only outputs that still have to be computed are the efficiencies. 
The cycle efficiency is given by the ratio between the net power output and the heat flow rate 
occurring with the high temperature source. 
        
 ̇   
 ̇   
 (3.22) 
The recovery efficiency, is defined as the ratio between the actual heat transfer rate occurring in 
the boiler and the energy available (exergy) in the exhaust gas side at boiler inlet. The exergy, as 
already explained in section 2.1, is the maximum useful work possible during a process that 
brings the system in equilibrium with the outside environment considered at 25 
o
C. So: 
  ̇           ̇        (            ) (3.23) 
Where Tamb is the ambient temperature. 
 
Figure 3.1-12: Working fluid mass flow rate, net power output and heat transfer rate in the heat exchangers. 
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Figure 3.1-13: Efficiencies. 
Thus the recovery efficiency is: 
           
 ̇   
 ̇         
 (3.24) 
Finally the total efficiency is: 
                         (3.25) 
3.1.3 Data treatment 
The three “for” loops used allow to repeat the computations presented in the previous paragraph 
for different working fluids, different compression ratios and different expander inlet 
temperatures; the fluid properties at each state around the cycle are stored in four dimensional 
matrixes for every possible combination of variables considered. A different set of equations have 
been developed for the standard ORC (with no recuperator) and the results stored in similar big 
matrixes. 
The preliminary model just described has been very useful for a first comparison of the main 
design alternatives. 
 
3.2 Detailed model of the WHR unit based on an ORC  
Once the influence of the most important variables of an ORC have been studied a detailed model 
of the system has been developed. This model has to replicate as accurately as possible the 
behavior of the WHR unit, giving also to the user the flexibility to adapt the model to different 
configurations, for example switching from standard to recuperative ORC. A three steps strategy 
has been followed: 
 implement the model in Matlab/Simulink environment 
 calibrate the model according to experimental tests data coming from a test rig available 
at the Fiat Research Center (CRF) 
 carry out simulations and analyze the results to assess the potential fuel savings. 
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Figure 3.2-1: Recuperative ORC system layout for detailed analysis. 
The control aspects of the WHR unit, as well as the final choice of the components, were parallel 
activities carried out by Chrysler, so the model has been adapted and modified as the design of 
the system was becoming more defined. 
That said, the model will be explained highlighting the possible alternatives that can be selected 
by the user. 
A sketch of the layout of the system and its components is shown in Figure 3.2-1. 
 
Figure 3.2-2: Detailed model outside user interface. 
Pump
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Recuperator
Expander
Condenser
Fan
Tank
Reducer
From Engine
To Ambient
`
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3.2.1 Detailed model input data 
The outside user interface of the model is shown in Figure 3.2-2. The data the user is required to 
input are those regarding the exhaust gas: 
 temperature 
 mass flow rate 
 average specific heat. 
The calibration of the model has been done in stationary operating conditions since the test rig 
available was not able to test the performances of an ORC during transient conditions. This is the 
reason why the input data of the exhaust gas were initially assumed constant. 
By double clicking on the green block of Figure 3.2-2 the user opens a window, shown in Figure 
3.2-3, that requests details about the ORC and its components. 
The first six inputs are pup-up menus in which the user is required to choose: 
1) the working fluid adopted from a list of available ones (first menu) 
2) whether there is the recuperator or not (second menu) 
3) if the pressure drop in the pipes are assumed constant and equal to the initial value or not 
(third menu) 
4) if the efficiency of the pump and the efficiency of the expander are assumed constant 
and equal to the initial value or not (fourth menu) 
5) if the effectiveness of the heat exchangers are assumed constant and equal to the initial 
value or not (fifth menu) 
6) if the pressure drop in the heat exchangers have to be assumed constant and equal to the 
initial value or not (sixth menu). 
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Figure 3.2-3: Input window of the detailed model. 
Unless detailed data about pump, expander and heat exchangers are available the input to the 
fourth, fifth and sixth pop-up menus of Figure 3.2-3 should be “No”. However, if data from the 
suppliers of such components are available and the user wishes to select the “Yes” option, the 
maps that have to be available are respectively: 
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 Pump efficiency and pump speed as a function of the pump pressure rise and volume 
flow rate. Expander efficiency and expander speed as a function of the pressure ratio 
across the expander and the volume flow rate. 
 Effectiveness of each heat exchanger as a function of the number of transfer units (NTU) 
and of the heat capacity rate ratio (C
*
), defined in paragraph 2.5.2. 
 Pressure drop in each heat exchanger as a function of the mass flow rate. 
After this first group of inputs almost all the others are of numerical type. The desired sub-
cooling temperature, needed to avoid cavitation in the pump, at the condenser outlet and the 
expander target inlet temperature have to be defined. 
Then for what concerns the recuperator, the boiler and the condenser the program needs to know: 
 heat exchanger effectiveness 
 pressure drop inside the component 
 minimum temperature difference at the pinch point. 
If in the fifth and sixth pop-up menus the answer was “No” the first two parameters are just initial 
values assumed at time instant equal to zero, otherwise they are constant values and they do not 
change throughout the whole simulation period. 
For what concerns the expander an important distinction has to be made. In a WHR unit for 
vehicle application the power output can be mechanical or electrical. In the first case the expander 
has to be connected to the engine shaft by means of a pulley belt system, whereas in the latter the 
expander is connected to an electric generator, very often integrated inside the expander itself, 
that usually provides a current that recharges a battery. The difference is that in the case 
mechanical power is used the expander speed is given for a given engine speed and cannot be 
changed, on the opposite the expander speed is defined by the volume flow rate in the case 
electric power is used. Immediately below the pop-up menu where the distinction just explained 
is made, the expander characteristics have to be specified: 
 the isentropic efficiency at initial time instant 
 the gear ratio, basically the speed ratio between the engine shaft and the expander 
 minimum and maximum pressure ratio across the expander 
 minimum and maximum volume flow rate (VFR) inside the expander. 
For the efficiency the same considerations done for the heat exchangers effectiveness and 
pressure drops hold, if in the fourth pop-up menu the answer was “No” the expander efficiency is 
just the value assumed at the time instant equal to zero of the simulation. 
Finally, the pump parameters required are: 
 the isentropic efficiency at initial time instant 
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 the nominal pump head (pressure rise) across the component 
 minimum and maximum pressure rise the pump is able to provide 
 minimum and maximum VFR that the pump is able to compress 
 the efficiency of the driving system of the pump (usually an electric motor). 
While the nominal pump head value is set equal to the desired performance of the pump the other 
parameters are easy to be found in every catalogue of pumps. Nonetheless the maximum and 
minimum volume flow rate could not be provided but they can be assumed equal to the maximum 
and minimum speed of the machine, expressed in round per second, multiplied by the swept 
volume of the pump. 
Then scrolling down the input parameters needed (Figure 3.2-3), there is the minimum 
temperature of the exhaust gas at which the WHR unit is turned on, taken into account only when 
a variable exhaust gas temperature profile is inserted as an input, and the specific heat of the 
exhaust gas whose value is assumed to be constant throughout the boiler. 
Moving down there are inputs about the geometry of the system that play an active role in the 
program only in the case the answer to the third pop-up menu was “No”. The length of each pipe 
and the diameter of each pipe should be input and are used to estimate the distributed and 
concentrated pressure losses. Here the name given to the pipes is presented: 
 pipe 1: from the pump outlet to the recuperator high pressure side inlet 
 pipe 2: from the recuperator high pressure side outlet to the boiler inlet 
 pipe 3: from the boiler outlet to the expander inlet 
 pipe 4: from the expander outlet to the recuperator low pressure side inlet 
 pipe 5: from the recuperator low pressure side outlet to the condenser inlet 
 pipe 6: from the condenser outlet to the pump inlet. 
In the case the recuperator is not used pipes 2 and 5 do not exist, they are simply not taken into 
account in the program, and pipe 1 goes from the pump outlet to the boiler inlet and pipe 5 from 
the expander outlet to the condenser inlet. 
Furthermore the number of tight (90°) bends in each pipe is used to estimate the concentrated 
pressure losses. So, more in general, the number of tight bends should also include the other 
possible concentrated pressure losses for example a thermocouple or other instrumentations to 
measure the pressure or mass flow rate typically employed in a test rig. In other words, the 
number of tight bends in a pipe corresponds to the total number of concentrated pressure losses 
regardless their the type. Under the geometry information there is a box in which the initial values 
of the pressure drop in each pipe are defined. If the answer in the third pop-up menu was “Yes” 
they will be used throughout the whole simulation period. 
64 
 
The next input is again a pop-up menu in which the user can select the coolant fluid used in the 
condenser, in order to estimate its specific heat and hence the mass flow rate of the coolant fluid 
required. 
The last five arrays that have to be defined, still referring to Figure 3.2-3, are the coefficients of 
the pressure loss curves inside each heat exchanger. These curves are approximated with a second 
order polynomial equation that usually fits well the experimental results. From left to right the 
three coefficients that have to be inserted are the constant term the coefficient that multiplies the 
mass flow rate and the coefficient that multiplies the mass flow rate at the second power. 
It must be clarified that some parameters may not be taken into account as a function of the 
option selected by the users in the first six pop-up menus. If for example the WHR unit does not 
include a recuperator, the recuperator characteristics are not taken into account at all, but the 
users has to input anyway some values, even all zeros, to make the model run. 
3.2.2 Algorithm resolution 
The internal structure of the program, that can be visualized looking under the mask of the green 
block of Figure 3.2-2, is organized into a series of functional blocks that execute Matlab 
instructions to carry out different tasks. Each block uses output of other blocks, so there is an 
unique sequence of resolution of the program, shown in Figure 3.2-4. It has been found out that 
the expander inlet temperature, that coincides with the boiler outlet temperature under the 
hypothesis of null heat losses in the pipes, strongly influence the efficiency and hence the power 
output of the cycle. So the control strategy adopted is that of varying the rotational speed of the 
pump, that is driven by an electric motor and not by the expander, in order to supply the cycle 
exactly with the mass flow rate of the working fluid that can be brought at the desired expander 
inlet temperature, set by the user in the initial input window. However, in order to evaluate this 
mass flow rate the boiler inlet temperature is necessary, this is not a straightforward process 
because of the potential presence of the recuperator. So the first three functional blocks (pump, 
expander and recuperator) are solved with a per unit mass analysis that is used to determine the 
thermodynamic properties (pressure, temperature and enthalpy) at the boiler inlet and outlet. Then 
the mass flow rate of the working fluid that can be heated up to the desired expander inlet 
temperature is computed in the exhaust gas heat exchanger (or boiler) functional block. At this 
point an energy balance analysis of each component is carried out, evaluating also the mass flow 
rate flowing in the bypass pipes. The condenser functional block is solved. At last, three different 
functional blocks are solved at the same time; the outputs of these blocks at a given time instant 
(n) are used as an input for the simulation at the following time instant (n+1). 
65 
 
 
Figure 3.2-4: Logic blocks resolution sequence. 
In the following the model implemented is explained in details starting from the most general 
case, hence when the heat exchanger effectiveness, pressure drop in the pipes and in the heat 
exchangers are not assumed constant, and highlighting how it responds to other combinations of 
inputs of the pop-up menus 2 to 6 presented in paragraph 3.2.1. 
Before doing that it is worth to spend few words on how the working fluid type selected affects 
the model, as a matter of fact the first thing that the program does, even before starting to solve 
the functional blocks is to assign a number to the working fluid selected. As previously 
mentioned, the working fluid type is only used as an input for the command “refpropm.m” that 
reads files containing the properties of the working fluid considered. These files are named with 
the extended name of the fluid, however different working fluids have different length of their 
names. Since Simulink requires that the length of a string must be specified and cannot change, 
some countermeasures had to be taken. The simplest solution appeared to be that of assigning a 
number with double digits to each working fluid. A proper switch, as the one showed in Figure 
3.2-5, assigns to the variable “Working_fluid” exactly the number correspondent to the working 
fluid selected by the user in the input window. 
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Figure 3.2-5: Working fluid switch. 
Now, anytime the command “refpropm.m” is used, the variable “Working_fluid” is converted by 
the command “char” from a number with two digits to a single letter. Finally, just renaming the 
file containing the fluid property table, exactly with the same letter that the command char 
returns, the program runs fine. 
Once this complex, but necessary, procedure has been explained we can move on analyzing in 
detail each functional block following the logic resolution sequence. 
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Figure 3.2-6: Pump functional block. 
3.2.2.1 Pump 
The first functional block solved is the pump, Figure 3.2-6. As mentioned before, the mass flow 
rate of the working fluid flowing inside this component is still unknown so a per unit mass 
analysis is carried out. 
The first step is to determine the thermodynamic properties of the fluid at the pump inlet. The 
pump inlet pressure is computed from the condenser outlet pressure minus the pressure drop 
taking place in the pipe connecting the condenser outlet to the pump inlet (pipe 6). During the 
first time instant of the simulation the pressure drop in pipe 6 is assumed equal to zero and then in 
the following time instants the pressure drop is assumed equal to that computed in the previous 
time instant, this approach is made possible by the block “memory” of Simulink, like the red one 
of Figure 3.2-6. On the other hand, since the pressure drop in a pipe is assumed to be an 
isothermal transformation, the temperature at the pump inlet is equal to the temperature at the 
condenser outlet. It must be pointed out that the initial pump inlet temperature is equal to the 
target condensing temperature minus the target sub-cooling temperature, so it is just an 
estimation. 
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In the following instants the pump inlet temperature and pressure are computed starting from the 
outputs of the condenser block of the previous time instant. Anyway, once temperature and 
pressure are determined the values of density and enthalpy at the pump entrance are uploaded 
from Refprop database. At this point the pump outlet pressure is estimated; three different 
limitations to such value have to be considered: 
 The pressure at the expander inlet cannot be higher than a given value. 
 The machine pump head range. 
 The pressure at the pump outlet must be lower than the critical one of the working fluid 
employed. 
The last condition is considered by the user selecting an appropriate value to the nominal pump 
head in the initial input window (paragraph 3.2.1). The second limitation is considered inside the 
saturation blocks, like the blue one in Figure 3.2-6, that limits the value of the nominal pump 
head; it must be greater than the minimum pump head and lower than the maximum pump head 
values imposed in the input window, see Figure 3.2-8. Finally, the first condition is considered 
inside the pump block by setting the pump outlet pressure equal to the minimum between the 
pressure at the pump inlet plus the nominal pump head value and the maximum pressure that the 
expander can withstand plus the pressure drop values in the boiler, in the recuperator and in the 
pipes 1, 2 and 3. 
 
Figure 3.2-7: Thermodynamic properties at the pump inlet and outlet. 
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Figure 3.2-8: Saturation block. 
Once the pressure at the pump outlet is known the enthalpy at the pump outlet is computed by 
means of Equation (3.2) and (3.3). Finally the temperature is determined with Refprop. The true 
pump head (pressure rise) is finally computed as the pump outlet pressure minus the pump inlet 
pressure. Figure 3.2-7 illustrates the main part of the Matlab script inside the pump block. 
Focusing our attention on the inputs of the pump block, the Matlab function block in the green 
box of Figure 3.2-6 deserves particular attention. This block from the true pump head and the 
volume flow rate values returns the pump efficiency and the pump rotational speed required. 
Inside the Matlab function block there is a Matlab script that reads the performance maps of the 
pump in question and uploads the desired values, basically the same approach as the one used 
with “refpropm.m” explained in section 3.1. Double clicking on the block called 
“Pump_efficiency” the Matlab instructions shown in Figure 3.2-9 appear. The function 
“Pump_parameters.m” is used to read the maps of the components previously created with the 
procedure explained in the following. Data coming from experimental tests carried out on the real 
component used are gathered and grouped in four different arrays: pump volume flow rate, pump 
head, pump speed and pump isentropic efficiency. 
 
Figure 3.2-9: Pump efficiency and speed maps reader. 
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In order to create the efficiency and speed maps, the “curve fitting” tool available with Matlab 
has been utilized. First, the isentropic efficiency array has been plotted as a function of the 
volume flow rate and of the pump pressure rise. Figure 3.2-10 shows a screen shot of the curve 
fitting tool, where the black dots correspond to the experimental data. The program is able to 
generate a surface that interpolates these data minimizing the standard deviation. Among the 
possible solutions, in the example reported, a linear interpolation has been chosen, purple box of 
Figure 3.2-10. In other words, the curve fitting tool allows the user to create a surface that 
interprets in an accurate way the experimental point plotted on the diagram. The pump efficiency 
map is created, it is saved and the same procedure repeated for the pump speed map. Once the 
pump efficiency and speed maps are both saved, the “Pump_parameters.m” file simply uploads 
these maps and reads them in order to return the efficiency and rotational speed values that 
correspond to the pump head and volume flow rate analyzed, as illustrated in Figure 3.2-11. 
However, the pump efficiency value determined in this way is used as an input of the pump block 
only if the pump and expander efficiency are not assumed constant in the input window, and 
whether the performance maps of the component are available or not. In order to exclude the 
results coming from the “Pump_efficiency” block, the purple multiport switch of Figure 3.2-6 has 
been added so that in the case the isentropic efficiency of the pump is assumed constant the 
switch stops the value coming from the pump efficiency map. Anyway, the pump efficiency value 
determined at a given time instant is used to estimate the efficiency of the machine during the 
following time instant, by means of the orange memory block in Figure 3.2-6. 
 
Figure 3.2-10: Curve fitting tool screen shot, pump efficiency map creation. 
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Figure 3.2-11: "Pump_parameters.m". 
On the other hand, the pump speed is not used as an input for further analyses but its behavior is 
tracked because it corresponds to the rotational speed of the electric motor that will drive it. 
To conclude the examination of this block, the outputs considered are: 
 temperature, pressure and density at the pump inlet 
 temperature and pressure at the pump outlet 
 actual pump head and actual pump efficiency. 
3.2.2.2 Expander 
The per unit mass analysis continues in the expander block shown in Figure 3.2-12.  
As in the case of the pump block, the first step is to determine the thermodynamic properties of 
the fluid at the expander inlet. The expander inlet temperature is assumed constant, except in 
some special cases explained later, and comes from the input window. Indeed, the expander inlet 
pressure is equal to the pump outlet pressure minus the pressure losses inside the heat exchangers 
and pipes between the pump and the expander. Once this first step is accomplished a first 
estimation of the expander outlet pressure is done. For a given target condensing temperature the 
pressure at the expander outlet is equal to the pressure of the saturated vapor at the condensing 
temperature plus the pressure drops that take place into the low pressure side of the recuperator 
and in pipes 4 and 5. 
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Figure 3.2-12: Expander functional block. 
Then the resulting pressure ratio across the expander is computed and the program checks if it 
falls within the operating range of the machine. If, for example, the pressure ratio computed is 
higher than the maximum one, the program sets the actual pressure ratio equal to the maximum 
possible and calculates the new pressure at the expander outlet that as well as the new condensing 
temperature, obviously, will be higher than those previously computed. The Matlab script portion 
of the expander block that executes this procedure is shown in Figure 3.2-13. 
 
Figure 3.2-13: Pressure ratio across the expander. 
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Figure 3.2-14: Thermodynamic properties at the inlet and outlet of the expander. 
Once the pressure at the expander outlet is known, it takes just to determine the expander outlet 
enthalpy to fully define all the other fluid properties. By means of the fluid properties database 
the expander inlet entropy is determined, then knowing that in the ideal case of isentropic 
expansion the expander outlet entropy is equal to expander inlet entropy, the expander outlet 
enthalpy ideal is determined still using the “refpropm.m” function with the expander outlet 
pressure already computed and the entropy at the expander inlet. Once the enthalpy at the 
expander outlet in the ideal case is known using Equation (3.6), basically the definition of 
isentropic efficiency, the real enthalpy at the expander outlet is computed. Then temperature, 
density and quality of the vapor at the expander outlet are uploaded from the fluid properties 
database and finally the volume ratio and the expander power density are determined, see Figure 
3.2-14. 
Giving a closer look to the inputs of the system it can be noted that the condensing temperature is 
assumed equal to the greater between the condensing temperature in the previous time instant and 
the nominal condensing temperature. The latter is assumed 10 degrees greater than the inlet 
temperature of the coolant fluid flowing in the condenser (input value set by the user), that 
usually coincides with the coolant fluid of the engine. 
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Figure 3.2-15: Expander efficiency, speed and maximum volume flow rate generator. 
Nonetheless, Figure 3.2-12 does not show the port at which the seventh input is connected. That 
input port corresponds to the isentropic efficiency of the expander; two Matlab function blocks 
ant two switches are employed to determine that input value, as illustrate in Figure 3.2-15. As 
previously explained in paragraph 3.2.1, there are two main important decisions that the user of 
the software have to make regarding the expander. The first one is whether or not the expander 
isentropic efficiency is to be assumed constant or not. In the case it is not, and hence the expander 
characteristics are known, there are two other possible alternatives; the expander might be 
mechanically connected to the engine shaft or it can be geared to an electric generator. In short, 
there are three possible ways in which the expander efficiency is estimated, as a function of the 
choices made by the user. In any case, the efficiency during the initial time instant is assumed 
equal to the nominal one. 
 
Figure 3.2-16: "Expander_parameters.m". 
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In order to utilize the correct value of efficiency there is a system of a couple of switches that 
addresses only the correct efficiency into the expander block input port, the two switches are 
highlighted in the purple and orange boxes of Figure 3.2-15. The control port input of each switch 
depends on the choices made by the user of the software. With reference to Figure 3.2-15, the 
three possible combinations are highlighted: 
 Expander efficiency assumed constant (red): the control port input of the orange switch is 
equal to 1. 
 Expander efficiency assumed not constant and expander mechanically connected to the 
engine shaft (green box): the control port input of both switches is equal to 2. 
 Expander efficiency assumed not constant and expander connected to an electric 
generator (blue box): the control port input of the purple switch is equal to 1, whereas the 
control port input of the orange switch is equal to 2. 
Whereas in the first case it is easy to understand that the position of the purple switch does not 
influence the outcome of this portion of software, it is more interesting to look at the peculiarities 
and the differences inside the two boxes correspondent to the second and third cases. In order to 
make these estimations, performance maps of the expander were created starting from 
experimental data by means of the Matlab curve fitting tool with a procedure similar to that used 
for the pump performance maps. In total three different maps have been created combining four 
different arrays: 
 volume flow rate vs expander pressure ratio and expander speed 
 expander speed vs expander pressure ratio and volume flow rate 
 expander efficiency vs expander pressure ratio and volume flow rate. 
With that in mind, the procedure followed to determine the expander efficiency at a given time 
instant is here reported first for the case the expander is mechanically connected to the engine 
shaft. Once we know the engine RPM, the expander rotational speed is univocally determined for 
a given transmission ratio. So the inputs of the box are the pressure ratio at that time instant 
(coming from the outputs of the expander block) and the engine expander rotational speed. Inside 
the green box there is a Matlab script in which a function called “Expander_parameters.m” is 
used to read the performance maps, previously created. 
This function has been appropriately designed to this application, and executes the following 
instructions (see also Figure 3.2-16): 
1) Uploads and reads the map that gives the volume flow rate inside the expander as a 
function of the pressure ratio across the expander and the expander rotational speed. 
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2) Uploads and reads the map that gives the expander efficiency as a function of the of the 
pressure ratio across the expander and the expander volume flow rate. 
The two outputs of the green box are the expander efficiency and the maximum volume flow rate 
inside the expander. The first output goes into the purple switch, whereas the second one goes 
into a different switch. It is a relevant data only in the case the expander is mechanically 
connected to the engine shaft, and will be used later in the program to determine the mass flow 
rate inside the expander bypass pipe. 
On the other hand if the expander is connected to an electric generator the blue box is the one that 
matters. In this case the expander speed expressed in RPM is an output parameter rather than an 
input parameter. In fact along with the expander pressure ratio there is the volume flow rate 
inside the expander as input. Basically the main difference is that while in the previous case the 
expander speed was function of the engine speed, so the volume flow rate was constrained to that 
speed, in the case now examined the expander speed is function of the volume flow rate of the 
working fluid inside the expander and of the pressure ratio across the expander. The volume flow 
rate inside the expander is not constrained by other external factors provided that the resulting 
expander speed stays within the operating range of the machine. 
Thus inside the blue box of Figure 3.2-15 there is another function called 
“Expander_parameters2.m” that executes the following instructions: 
1) Uploads and reads the map that gives the rotational speed of the expander as a function of 
the pressure ratio across the expander and the volume flow rate. 
2) Uploads and reads the map that gives the expander efficiency as a function of the of the 
pressure ratio across the expander and the expander volume flow rate. 
The second instruction of both the blue and the green boxes read the same map, whereas the 
difference lays in the first instruction where the map read by the program changes. 
Finally the last thing that should be noted is that the expander speed is also computed in this 
portion of the program, a further switch distinguish between the case in which the expander speed 
is equal to the engine speed multiplied by the speed ratio or whether the expander speed is that 
coming out the blue box. 
3.2.2.3 Recuperator 
The recuperator functional block, illustrated in Figure 3.2-17, is the last one in which the per unit 
analysis is carried out. The pressure and temperature at the outlet of the pump and of the expander 
along with other parameters of the heat exchanger such as its effectiveness pressure drop in both 
sides and its effectiveness are the main inputs of this functional block. As a matter of fact the user 
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is able to choose in the input window, described in paragraph 3.2.1, whether or not the Rankine 
cycle uses the recuperator, so there are two different blocks correspondent to each different case: 
 green box of Figure 3.2-17: case with the recuperator 
 light blue box of Figure 3.2-17: case without the recuperator. 
All the inputs go into both boxes, but only the outputs coming from the box correspondent to the 
user selection are considered thanks to the presence of a switch. 
Now the equations inside each box are shown starting from the case where the recuperator is 
present. As usual the first step is to determine the thermodynamic properties at recuperator inlet, 
see Figure 3.2-18. The temperature at the low pressure side inlet is equal to the expander outlet 
temperature, whereas the pressure is equal to that at the expander outlet minus the pressure drop 
inside pipe 4. On the other hand the temperature at the high pressure side inlet is equal to the 
temperature at the pump outlet, whereas the pressure at the high pressure side inlet is equal to the 
pressure at the pump outlet minus the pressure drop inside pipe 1. 
 
Figure 3.2-17: Recuperator functional block. 
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Figure 3.2-18: Thermodynamic properties at the recuperator inlet. 
Then solving the component according to the ε-NTU method the temperature at the outlet of the 
low pressure side of the recuperator has been computed with the same formula used in the 
preliminary model, Equation (3.8). Taking into account that the pressure at the low pressure side 
outlet of the recuperator is equal to the inlet pressure minus the pressure drop inside the heat 
exchanger also the enthalpy at the low pressure side outlet can be computed by means of Refprop. 
Since, in general, the assumption that the mass flow rate of the working fluid flowing in both 
sides of the recuperator is the same holds, the enthalpy drop in the low pressure side must be 
equal to the enthalpy rise in the high pressure side. The outlet pressure of the high pressure side 
can be determined as the inlet pressure minus the pressure losses inside the component. Finally 
also the temperature at the high pressure side outlet of the recuperator is determined using 
Refprop (see Figure 3.2-19). 
Then there is a double “if” loop used to make some verifications. In particular the first “if” checks 
that at the outlet of the high pressure side of the recuperator there is no vapor formation. 
 
Figure 3.2-19: Thermodynamic properties at the recuperator outlet. 
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The second "if" checks that the temperature difference at the pinch point, that usually is at the 
inlet section of the high pressure side, is not lower than the minimum temperature difference at 
which the heat exchanger can operate. It is important to note that in the case there was vapor 
formation in the high pressure side of the recuperator some countermeasures have to be taken. 
Chrysler people have thought that a bypass pipe around the low pressure side of the recuperator is 
appropriate in order to reduce the heat given to the high pressure side and avoid to have the 
working fluid partially vaporized at the high pressure side outlet. In any case, enthalpy at the 
recuperator low pressure side outlet does not change, the only thing that may change is the mass 
flow rate of the working fluid inside the low pressure side. If this happens the assumption just 
made about the enthalpy drop that has to be equal in both sides does not hold anymore, however 
carrying out some simulations, it has been seen that the portion of mass flow rate flowing in the 
bypass pipe is so small that it can be approximated equal to zero. The actions taken to make the 
verifications just explained are illustrated in Figure 3.2-20. 
All the considerations made for the case with the recuperator do not hold in the case there is no 
recuperator, and the outputs of the light blue box of Figure 3.2-17 pass through the switch. 
Basically that box acts as it was transparent. It computes the properties at the recuperator inlet as 
the other block and then, it simply sets the required outputs equal to the correspondent conditions 
at the recuperator inlet. This is true admitting what already stated in paragraph 3.2.1, that if there 
is no recuperator in the cycle pipes 2 and 5 do not exist; the inlet conditions compute in the light 
blue box coincide with the conditions at the condenser inlet. Figure 3.2-21 shows the Matlab 
script inside the box in question. 
To conclude temperature pressure and enthalpy at the recuperator outlet are then grouped, along 
with other parameters, and showed as the functional block outputs. They will be very important 
inputs for the following component solved (the boiler) and for the condenser. 
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Figure 3.2-20: Pinch point temperature difference and vapor quality verifications. 
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Figure 3.2-21: Thermodynamic properties at the condenser inlet, in the case there is no recuperator. 
3.2.2.4 Boiler or exhaust gas heat exchanger 
The fourth component solved is the boiler. Now that the boiler inlet temperature is known the 
required mass flow rate of the working fluid can be figured out. Figure 3.2-22 shows the boiler 
functional block. Among the inputs of this block we can recognize: 
 exhaust gas mass flow rate, specific heat and inlet temperature 
 temperature of the working fluid at boiler inlet and the desired temperature of the 
working fluid at the boiler outlet 
 pressure drop inside the boiler, boiler effectiveness, minimum temperature difference at 
the pinch point 
 maximum and minimum volume flow rate of the pump. 
The latter plays an important role in the case the heat available in the exhaust gas is so much that 
the mass flow rate that can be brought at the desired boiler outlet temperature exceeds the 
maximum mass flow rate that the pump can supply. 
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Figure 3.2-22: Boiler functional block. 
In the opposite scenario may happen that the heat available in the exhaust gas is so low that the 
mass flow rate that can be brought at the desired boiler outlet temperature is lower than the 
minimum mass flow rate that the pump can supply. Anyway, looking the Matlab script inside the 
boiler block, the thermodynamic properties at the boiler inlet are determined starting from those 
at the outlet of the recuperator high pressure side. Then the boiling temperature is computed as 
the temperature of the saturated liquid at the boiler inlet pressure, the implicit assumption is that 
the pressure loss inside the heat exchanger occurs entirely during the evaporation process. Then 
still using the ε-NTU method the temperature of the exhaust gas at the boiler outlet section is 
computed using Equation (3.14). If this temperature is lower than the exhaust gas minimum 
temperature (set in the input window) a portion of the mass flow rate of the exhaust gas will 
bypass the boiler in order that once it is mixed up with the portion of mass flow rate that flows 
inside the boiler the average temperature of the whole mass flow rate of the exhaust gas is equal 
to the minimum exhaust gas temperature allowed. So if this is the case, the mass flow rate of the 
exhaust gas that flows in the boiler is given by Equation (3.26): 
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Figure 3.2-23: Thermodynamic properties at the boiler inlet and exhaust gas outlet temperature. 
  ̇          ̇     
(               )
(                )
 (3.26) 
Where Texh,out is the outlet temperature of the exhaust gas computed using the ε-NTU method, that 
will coincide with the outlet temperature of the portion of exhaust gas actually flowing inside the 
boiler, that will be mixed with the portion of exhaust gas bypassing the boiler that still is at the 
temperature that there was at the inlet of the boiler. Figure 3.2-23 shows the Matlab script the 
executes the procedure just explained. 
At this point knowing the inlet and outlet temperatures of the exhaust gas as well as its heat 
capacity, the heat transfer rate inside the boiler can be computed and since the enthalpy rise in the 
working fluid side is known the mass flow rate of the working fluid can be determined (see 
Figure 3.2-24). Scrolling down the script there is a double “if” loop in which it is verified that the 
pinch point temperature difference is not lower than the minimum one allowed to make the heat 
exchanger operate properly. However, unlike the recuperator where the pinch point section is 
known here it can be in two different positions: or at the working fluid inlet section or where the 
working fluid achieves the saturated liquid state. 
 
Figure 3.2-24: Mass flow rate of the working fluid determination. 
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This is the reason why a double “if” loop is necessary (see Figure 3.2-25). 
 
Figure 3.2-25: Boiler pinch point verification. 
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Figure 3.2-26: Mass flow rate of the working fluid final verification. 
Whether the pinch point is at the working fluid inlet section or at the saturated liquid section the 
procedure remains unvaried, see Figure 3.2-25 for details. The temperature difference at the pinch 
point section is put equal to the minimum one, set by the user in the main input window, as a 
consequence a new exhaust gas temperature at the pinch point section is determined, and a new 
heat transfer rate is determined as well. This heat transfer rate divided by the enthalpy rise of the 
working fluid from the pinch point section to the outlet section gives the new mass flow rate of 
the working fluid. 
The last verification that still has to be done is to check that the mass flow rate of the working 
fluid computed is within the operating range of the pump, Figure 3.2-26. Actually, it should be 
clarified that the pump has limitations on the maximum and minimum volume flow rate 
(practically maximum and minimum rotational speed multiplied by the swept volume), that has to 
be converted in limitations on the maximum and minimum mass flow rate multiplying them by 
the density at the pump inlet. 
The very last step is to compute the actual heat transfer rate and the heat available whose ratio 
gives the so called recovery (or recovered) efficiency. In particular the heat available is equal to: 
  ̇           ̇         (               ) (3.27) 
Where the ̇      is the total mass flow rate of the exhaust gases that can be equal or greater than 
the actual mass flow rate flowing inside the boiler. 
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To conclude the most important output of this functional block is definitely the mass flow rate of 
the working fluid that is a very important input for the following functional blocks. 
3.2.2.5 Power balance 
The Power balance functional block, Figure 3.2-27, is the fifth solved. 
The outputs of this block are important and are the ones that the user looks at: 
 power consumed by the pump 
 power generated by the expander 
 heat transfer rate in the recuperator 
 mass flow rate in the pump, in the expander and in both sides of the recuperator 
 mass flow rate in the bypass pipes around the expander and around the low pressure side 
of the recuperator 
 volume flow rate in the pump and in the expander. 
The first step is to determine the mass flow rate flowing inside all the other components, that 
might be equal or lower than that flowing in the boiler, as illustrated in Figure 3.2-28. In 
particular the mass flow rate in the pump and in the high side of the recuperator must be equal to 
that flowing in the boiler. On the other hand the mass flow rate inside the low pressure side of the 
recuperator is calculated at the end of the script, whereas the mass flow rate inside the expander is 
function of the connection type. In particular in the case the expander was mechanically 
connected to the engine shaft the volume flow rate inside the expander is limited. 
 
Figure 3.2-27: Power balance functional block. 
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Figure 3.2-28: Mass flow rate inside the components. 
This is the reason why the mass flow rate inside the expander is set equal to the minimum 
between the mass flow rate inside the boiler and the maximum volume flow rate inside the boiler 
multiplied by the density at the expander outlet. In order to determine the maximum volume flow 
rate, in the bottom right zone of Figure 3.2-27, there is a switch that behaves in this way: 
 Expander mechanically connected, the expander maximum volume flow rate comes from 
the green box of Figure 3.2-15. 
 Expander connected to a generator, the expander maximum volume flow rate is a 
constant value and comes from the input window. 
Once the mass flow rate inside the expander is computed, the mass flow rate inside the bypass 
pipe around the expander is equal to the mass flow rate inside the boiler minus the mass flow rate 
inside the expander. The portion of mass flow rate that bypasses the expander goes through a 
reducer that is something like a nozzle in which the diverging walls make the pressure of the 
working fluid drop in order to make it equal to the expander outlet pressure. 
Finally the remaining outputs are computed (look at Figure 3.2-29 for reference). The power 
requested by the pump, the power generated by the expander and the heat transfer rate inside the 
recuperator are all computed multiplying the enthalpy drop or rise across the component by the 
mass flow rate inside the component itself. A particular mention deserves the power absorbed by 
the pump because the value obtained multiplying the mass flow rate by the enthalpy rise is then 
divided by the efficiency of the motor that drives the pump, in order to obtain the true power 
consumed. 
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Figure 3.2-29: Power balance outputs. 
Then the mass flow rate inside the low pressure side of the recuperator is calculated as the heat 
transfer rate inside the recuperator divided by the enthalpy drop in the low pressure side. 
Subtracting the value obtained from the mass flow rate of the working fluid inside the boiler the 
mass flow rate flowing inside the bypass pipe around the low pressure side of the recuperator can 
be figured out. 
The outputs concerning the mass flow rate inside the recuperator are filtered in a switch outside 
the Matlab script, if there is no recuperator it simply sets all these values equal to zero. 
3.2.2.6 Condenser 
 
Figure 3.2-30:Condenser functional block. 
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The condenser is the sixth functional block solved. It must be solved after the “Power balance” 
functional block because in order to compute the temperature at the expander inlet the mass flow 
rate of the working fluid flowing inside the low pressure side of the recuperator and in the bypass 
pipe has to be known. With reference to Figure 3.2-30 the blue boxes’ task is to calculate the 
temperature at the condenser inlet equal to the temperature at the low pressure side of the 
recuperator outlet. If there is the recuperator the condenser inlet temperature is computed in the 
following way Under the assumption that the heat capacity of the working fluid does not change a 
lot between the two temperatures considered: 
          
 ̇                       ̇                           
 ̇     
 (3.28) 
With clear meaning of the subscripts. Otherwise if there is no recuperator the condenser inlet 
temperature is equal to the recuperator outlet temperature than in turns is equal to the recuperator 
inlet temperature that in turns it is equal to the expander outlet temperature. 
Anyway, beside the condenser inlet temperature the other input parameters are: 
 heat exchanger effectiveness, pressure drop and pinch point minimum temperature 
difference 
 inlet temperature and specific heat of the coolant fluid. 
The inlet temperature of the coolant fluid is the maximum between the ambient temperature plus 
5 degrees and the coolant minimum temperature, both these values have been set by the user in 
the main input window. 
 
Figure 3.2-31: Thermodynamic properties at the condenser inlet and outlet. 
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Looking at Figure 3.2-31 that shows the inside of the condenser block it can be seen that firstly 
the thermodynamic properties at the condenser inlet are determined. After that, the pressure at the 
condenser outlet is set equal to the pressure at the condenser inlet minus the pressure drop inside 
the condenser. Then the condensing temperature is determined from Refprop as the saturated 
liquid temperature at the condenser outlet pressure, under the assumption that the pressure drop 
inside the heat exchanger takes place entirely before the sub-cooling process. The temperature at 
the condenser outlet is the maximum between the coolant inlet temperature plus the condenser 
pinch point minimum temperature difference (that are both inputs imposed by the user) and the 
condensing temperature minus the target sub-cooling temperature. Once pressure and temperature 
at the condenser outlet are determined the actual sub-cooling at the condenser outlet is calculated 
as well as the enthalpy at the condenser outlet. 
 
Figure 3.2-32: Condenser resolution, first part. 
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However, to fully define and explain what happens inside the condenser, information about the 
outlet temperature of the coolant fluid and of its mass flow rate have to be computed. The 
assumption made is that there is a pump that can provide the condenser with as much coolant 
fluid as it needs to condensate and sub-cooling the mass flow rate of the working fluid flowing 
inside the condenser. 
The method adopted to solve the component is the ε-NTU method, given that the largest portion 
of heat transfer occurs during the condensation process (usually around 80%). 
This assumption is important because only during the condensation process the coolant fluid has 
the minor heat capacity rate, whereas while the vapor is cooled down to the saturated vapor state 
and when the liquid is sub-cooled the working fluid has the minor heat capacity rate. Since the ε-
NTU method is used to compute the outlet temperature of the fluid that has the minor heat 
capacity rate inside an heat exchanger, if the assumption just made did not hold it would have 
been impossible to directly compute the outlet temperature of the coolant fluid. Instead the 
condenser should have been divided into three zones with three different effectiveness, procedure 
that results longer and more difficult since very seldom there are available data so detailed about 
a heat exchanger. 
 
Figure 3.2-33: Condenser resolution, second part. 
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Anyway, with reference to Figure 3.2-32 and Figure 3.2-33, once the coolant fluid outlet 
temperature is estimated for the first time there is a double “if” loop that verifies that the 
specifications about the minimum temperature difference at the pinch point are met, 
distinguishing the case in which at the condenser inlet the working fluid is entirely at vapor state 
or in the case the fluid is partially condensed. In the first case the pinch point should be at the 
section of the heat exchanger where the working fluid is at the saturated vapor state, while in the 
second case the pinch point section is at the working fluid section. If the pinch point temperature 
difference is lower than the minimum one a new (lower) coolant fluid outlet temperature is 
computed, a new (higher) mass flow rate of the coolant fluid is computed as well as the real 
condenser effectiveness that will be lower than the input one. 
The output of the condenser functional block, especially temperature and pressure at the 
condenser outlet section are used as input for the pump functional block during the following 
time instant. 
3.2.2.7 Heat exchanger effectiveness 
The heat exchanger effectiveness functional block, shown in Figure 3.2-34, is the first one 
presented among the three blocks solved simultaneously by Simulink. This block does not 
provide any useful output for the simulation at a given time instant but its outputs are used as 
inputs for the simulation in the following time instant. The goal of this functional block is hence 
to estimate the real effectiveness of the heat exchanger at a given time instant in order to provide 
a more accurate input for the next time instant, it is basically an iterative process that enables to 
refine the effectiveness value estimated. 
Recalling what already explained in paragraph 2.5.2, the heat exchanger effectiveness is function 
of two different non-dimensional numbers: the heat capacity rate ratio (C
*
) and the number of 
transfer unit (NTU). The only problem is that the NTU cannot be determined before that the heat 
exchanger blocks are solved because there are no information about the internal geometry heat 
exchangers and so the NTU has computed with an inverse process starting from the heat transfer 
rate: 
      
 ̇   
          
 (3.29) 
Where  ̇    is the heat transfer rate inside the heat exchanger and LMTD is the log mean 
temperature difference computed as: 
       
       
  (      ⁄ )
 (3.30) 
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Figure 3.2-34: Heat exchanger effectiveness functional block. 
Where     and     are the temperature differences between cold fluid and hot fluid at the two 
extreme sections of a heat exchanger. 
Since data about the heat exchanger effectiveness were available, the following procedure has 
been adopted. First of all, similar to that done for the expander and pump efficiency maps, the 
curve fitting tool of Matlab has been used. The points correspondent to the experimental data 
have been plotted, and then they have been approximated by a surface. The equation of this 
surface has been already taken from the literature since the shape of such a curve follows a given 
trend that is similar for similar type of heat exchangers. 
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In particular for a counter-flow type heat exchanger Shah and Sekulic [64] indicate to use the 
equation below: 
    
     [    (    )]
        [    (    )]
 (3.31) 
To this equation few coefficients have been added in order to let the curve fitting tool adapt this 
theoretical surface with the surface that has the same general trend but that fits in the best 
possible way the experimental results. The final equation used is underlined in red in Figure 
3.2-35, where x and y are respectively NTU and C
*
, whereas a, b and c are the three coefficients 
added. Once similar maps have been created for each heat exchanger analyzed (boiler, condenser 
and recuperator) and saved in a file, a Matlab function able to upload and read the desired map 
has been created for each heat exchanger, Figure 3.2-36. 
Coming back to the heat exchanger effectiveness block it has as inputs all the parameters 
necessary to compute C
*
 and NTU, so: 
 Temperatures at the inlet and outlet of each heat exchanger 
 Heat transfer rate inside each heat exchanger 
 Mass flow rate of both fluids inside each heat exchanger 
For each heat exchanger the program repeats the same procedure, showed in . It first calculates 
the heat capacity rate of each fluid then it calculated the heat capacity rate ratio C
*
 as the ratio 
between the minimum to the maximum heat capacity rate. Then the log mean temperature 
difference is determined and NTU computed using Equation (3.29). The last step is to use the 
functions previously created to evaluate the expected effectiveness, Figure 3.2-38. 
 
Figure 3.2-35: Recuperator effectiveness map creation with curve fitting tool. 
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Figure 3.2-36: Recuperator effectiveness map reader. 
 
Figure 3.2-37: C* and NTU determination. 
However, two switches are necessary to filter the data coming out the light blue box of Figure 
3.2-34, because of the different combinations that the user can choose from the input window. 
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Figure 3.2-38: Heat exchanger effectiveness determination. 
The first switch that acts on the data is the red one, two possible alternatives are possible: 
 If the user wishes to treat the heat exchanger effectiveness as a constant, the output data 
of the light blue box are not considered and the output of the functional block are set 
equal to the effectiveness values defined in the input window. 
 If the heat exchanger effectiveness are not assumed constant the values extrapolated from 
the maps pass through the switch. 
Then another distinction has to be done, so the blue switch comes into play: 
 If the recuperator is not present the recuperator effectiveness is put equal to zero. 
 If the recuperator is present the recuperator effectiveness coming out of the red switch 
passes through the blue switch. 
Once the output data have passed through these two switches, they are used as an input of the 
correspondent functional block for the simulation in following time instant. 
3.2.2.8 Pressure drop inside the heat exchangers 
The pressure drop inside the heat exchangers is the simplest functional block, Figure 3.2-39. 
 
Figure 3.2-39: Heat exchangers pressure drop functional block. 
97 
 
 
Figure 3.2-40: Determination of the pressure drop inside the heat exchangers. 
The same considerations done for the heat exchanger effectiveness holds; it cannot be estimated 
before solving the other functional blocks because the mass flow rate is not known. So this 
functional block calculates a posteriori the pressure drop at a given time instant to estimate the 
expected pressure drop inside the heat exchanger in the following time instant. It relies on the fact 
that the user has available the pressure drop curve as a function of the mass flow rate inside each 
heat exchanger. These curves are usually well approximated by a second order polynomial 
equation whose coefficients are input data required in the initial input window. So if these curves 
are known the only inputs required in the functional block are the mass flow rate of the fluid 
inside the heat exchangers. Then just multiplying the proper coefficient with the proper power of 
the mass flow rate the pressure drop can be computed, Figure 3.2-40. 
As in the case of the heat exchanger effectiveness also for the pressure drop the outputs have to 
be filtered by some switches. in particular there are three switches: one red and two blue in Figure 
3.2-39. The red switch is the first one, it sets the values of the pressure drop inside each heat 
exchanger equal to the initial values in the case the user has selected the option of considering the 
pressure drop inside the heat exchangers constant in the input window. On the other hand the two 
blue switches sets the pressure drop in both sides of the recuperator equal to zero in the case there 
is no recuperator in the system. 
Still, the data that have passed through the switches are used as an important input for the 
simulation in the following time instant. 
3.2.2.9 Pressure drop inside the pipes 
The last functional block presented is the one that computes the pressure drop inside the pipe, 
Figure 3.2-41. The pressure drop inside the pipes is assumed equal to initial value until it is 
estimated in this block for the first time during the initial time instant. 
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Figure 3.2-41: Pressure drop in the pipes functional block. 
The inputs of this functional block are pressure, temperature and mass flow rate at the outlet of 
each component, or, in other words, at the inlet of each pipe. Also the information about the 
geometry of the pipes (diameter, length and number of tight bends), inserted by the user in the 
input window, go into this functional block. 
Looking inside the box, the first action taken is to determine the density and kinematic viscosity 
at the inlet of each pipe. Then, dividing the mass flow rate by the density, the volume flow rate 
inside each pipe is found. At this point the Reynolds number in each pipe is calculated, with the 
following equation: 
      
 ̇
(    )
  (3.32) 
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Where at the numerator there is the volume flow rate, while D is the pipe inside diameter and ν is 
the kinematic viscosity. It has been obtained from the definition of Re number substituting the 
velocity of the fluid with the volume flow rate divided by the cross section of the pipe 
Now, under the assumption of smooth pipes, the Darcy friction factor is computed as a function 
of the Re number. In particular three different equations can be used [66]: 
If Re < 4000: 
    
  
  
  (3.33) 
If 4000 < Re < 10
5
 
    
      
      
  (3.34) 
If Re > 10
5
 
           
     
       
  (3.35) 
At this point, all the data necessary to compute the distributed pressure losses are available, 
however also the concentrated pressure losses, modeled as 90° bends, have to be taken into 
account. In order to do that there of the bend pressure loss coefficient (Kb) has to be estimated. In 
general in literature [64] there are available charts that give Kb as a function of: 
 bend deflection angle 
 radius of curvature of the bend to the internal diameter of the pipe ratio 
 Reynolds number. 
However, since these charts are complex and too many variables have to be taken into account, an 
approximation has been done in order to assess a reasonable value of the bend pressure loss 
coefficient and consider it constant. Considering a bend deflection angle equal to 90°, a radius of 
curvature of the bend to the internal diameter of the pipe ratio around 1 and a Reynolds number 
ranging from 10
4
 to 10
5
 a reasonable value for Kb appeared to be 0.4 and that was the constant 
value assumed for the computation of the pressure drop inside the pipes. 
Finally, it should be noted that the part of pipe that is affected by the bend is the one after the 
bend. We can also say that the concentrated losses inside a pipe are cumulative, because each 
bend further increases the bend pressure loss coefficient. So if there are n bends it is necessary to 
divide the pipe length into n+1 sections and for each of those compute a different total pressure 
drop coefficient (Kb,t), defined as: 
           
  
 
 (3.36) 
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Where Kb is the already presented bend pressure drop coefficient, and the other term is the 
distributed pressure drop coefficient. The first section will have a Kb equal to zero, all the other 
sections will have a Kb equal to the constant value assumed (in this case 0.3 for pipes on the 
vapor side because they usually have a higher Reynolds number and 0.4 for all the other pipes) 
multiplied by the number of bends before the section. However, it must pointed out that for 
different pipe diameters, type of concentrated loss, Reynolds number range and pipe length a 
different Kb should be selected. 
Figure 3.2-42 shows the Matlab script used to calculate the pressure drop inside pipe 1, the one 
that goes from the pump outlet to the recuperator high pressure side inlet. The “if” loop of Figure 
3.2-42 distinguish between the case where there are no bends in the pipe so Kb is always equal to 
zero and there is no need to divide the pipe into different sections from the case where there are 
some bends. Whereas, the “for” loop is necessary in the case there are some bends to make Kb 
increase section by section. The same equations are set for the other pipes and the pressure drop 
inside each pipe is then computed. Exactly as happened in the pressure drop inside the heat 
exchanger functional block three different switches are necessary to filter the data coming out the 
pink box of Figure 3.2-41. The red switch is the first one, it sets the values of the pressure drop 
inside each pipe equal to the initial value in the case the user wants to consider constant the 
pressure losses inside the pipes. On the other hand the two blue switches sets the pressure drop of 
pipe 2 and 5 equal to zero in the case there is no recuperator in the system.  
 
Figure 3.2-42: Pressure drop inside pipe 1. 
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Figure 3.2-43: General outputs plot. 
Finally the outputs of this functional block at time instant n are an input for the other functional 
blocks at time instant n+1. 
3.2.2.10 Data treatment 
The outputs of each functional block are stored files and plotted by means of graphs. It is very 
important for the user of the program to be able to monitor all the results. There two main 
different blocks where all the main variable of the cycle are plotted. 
The first one is called “General outputs” and it is shown in Figure 3.2-43. 
It plots all the main outputs of interest: 
 net power output of the cycle 
 heat available in the exhaust gas 
 recovery efficiency 
 Rankine cycle efficiency 
 total efficiency 
 heat transfer rate in the condenser 
 heat transfer rate in the boiler 
 heat transfer rate in the recuperator 
 expander power output 
 power requested by the pump. 
The definitions used to compute these values are those introduced throughout the thesis. 
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Inside the white box on the left of Figure 3.2-43 there is a system of switches that automatically 
turns off the WHR unit, setting equal to zero all the outputs except for the heat available in the 
exhaust gas, in case the inlet temperature of the exhaust gas is lower than a value defined in the 
input window by the user. Moreover, the net power output of the system and its integral over time 
are stored and sent to the outside user interface, shown in Figure 3.2-2 
Along with the general outputs are also plotted in another block, called output diagnostic, all the 
parameters that characterize each component, in the case the user wants to investigate in deeper 
details the functioning of each component. For example the pump parameters plotted are: 
 volume flow rate inside the pump 
 temperature, pressure and density at the pump inlet 
 pump head (pump pressure rise) 
 pump isentropic efficiency 
 temperature at the pump outlet 
 power request by the pump 
 pump rotational speed 
For the sake of brevity the outputs plotted for the other components are not listed, anyway they 
correspond to the main outputs of the functional blocks presented in paragraphs from 3.2.2.1 to 
3.2.2.6. 
 
3.3 Comparison between preliminary and detailed models 
The structure of the two models developed to analyze the behavior of a Waste Heat Recovery unit 
based on an Organic Rankine Cycle technology has been thoroughly explained in sections 3.1 and 
3.2. Here the author wants to clearly specify and highlight the differences between the two 
models. Despite many equations and the general structure of the two programs are similar there 
are many substantial differences. 
First of all, as already mentioned, the purpose of the two models is quite different. While the 
preliminary model was meant to give indications on how the net power output of the system 
varies as a function of the most critical variables of an ORC. Being more interested on the trend 
of variation rather than on the numeric values coming out of the model. On the contrary the 
detailed model has as ultimate goal that of being integrated in a Matlab/Simulink model of the 
overall vehicle and see how much fuel savings it can generate in a driving cycle. 
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Hence it has to replicate the real conditions occurring in a WHR system based on a ORC 
technology, in order to assess as accurately as possible the net power output and all the other 
operating parameters of the system. 
As a matter of fact the detailed model is also a more flexible tool. It can predict the behavior of 
the WHR unit with different layouts (standard or recuperative), with different working fluids and 
with different degrees of accuracy simply by selecting the proper input in the initial input 
window. 
Going into more concrete aspects the detailed model includes also some features not 
contemplated by the preliminary model, they are listed here: 
 sub-cooling before the pump inlet 
 bypass pipes around the expander, around the recuperator low pressure side and around 
the exhaust gas side of the boiler 
 minimum temperature difference at the pinch point verification in the heat exchanger 
 possibility to select the fluid acting as a coolant in the condenser 
 estimation of the mass flow of the coolant required in the condenser 
 distributed and concentrated pressure losses inside the pipes 
 possibility to assume variables pump and expander isentropic efficiencies 
 possibility to assume variable pressure drops inside heat exchangers 
 time dependent simulations with the possibility of defining variable exhaust gas 
temperature and mass flow rate 
 possibility to assess the rotational speed of both pump and expander 
 distinction between the case in which the expander is connected to the engine shaft or to 
an electric generator. 
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4. ANALYSIS AND DISCUSSION OF THE SIMULATION RESULTS 
4.1 Preliminary analysis of ORC design alternatives 
In section 3.1, the methodology employed and the objectives sought in the preliminary analysis 
have been accurately explained. Here, in the current section, the results obtained by means of the 
preliminary model are illustrated and thoroughly analyzed. 
Even though the purpose of this analysis was another, the inputs data have been chosen in order 
to accomplish a simulation that replicates, at least with good approximation, the operating 
conditions of a real WHR system. Table 4.1-1 shows the input parameters of the exhaust gas of 
the 3.6L V-6 Chrysler gasoline engine. They were evaluated at target vehicle operating condition 
(design point), correspondent to a highway drive at constant vehicle speed (70 Mph) with engine 
rotating at 2465 RPM and generating a torque of 125 Nm. In this conditions the power delivered 
by the engine is of 29 kW. 
EXHAUST GAS PARAMETERS 
Exhaust gas temperature at boiler inlet [oC] 590 
Exhaust gas flow rate [kg/s] 0.035 
Average exhaust specific heat [kJ/kg-K] 0.9937 
Table 4.1-1: Design point exhaust gas parameters. 
Table 4.1-2 illustrates the other inputs describing the performances of the components used in the 
WHR system. Obviously in the case a standard ORC is analyzed the parameters of the 
recuperator are not considered. 
While the parameters of Table 4.1-1 derive directly from experimental tests carried out on the 
engine in question, those of Table 4.1-2 regarding the heat exchangers, come from initial 
indications provided by suppliers. 
COMPONENTS PERFORMANCE 
Condenser Effectiveness εcond 90% 
Boiler Effectiveness εboiler 85% 
Recuperator Effectiveness εrecup 87% 
Pump Isentropic Efficiency ηpum 60% 
Expander Isentropic Efficiency ηexp 60% 
Condenser Pressure Drop Δp4’1 [kPa] 7 
Boiler Pressure Drop Δp2’3 [kPa] 345 
Recuperator High Pressure Side Drop Δp22’ [kPa] 103 
Recuperator Low Pressure Side Drop Δp44’ [kPa] 6 
Table 4.1-2: Components characteristics. 
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On the other hand, the conservative isentropic efficiency values assigned to the pump and to the 
expander were suggested by experimental tests carried out in a test rig mounted at Fiat Research 
Center (CRF). 
For what concerns the range of variability of the pump compression ratio and of the expander 
inlet temperature they have been defined arbitrarily by the author, and summarized in Table 
4.1-3. More specifically, the pump compression ratio is assumed to vary from as low as 3 to as 
high as 10. The expander inlet temperature is assumed to vary from the saturated liquid vapor 
temperature, of the selected working fluid, at the expander inlet pressure, up to 210 °C, maximum 
temperature that the expander can withstand. Obviously the lower bound of the expander inlet 
temperature is not reported in Table 4.1-3 because it varies for each working fluid. 
RANGE OF VARIABILITY OF THE PUMP COMPRESSION RATIO 
AND OF THE EXPANDER INLET TEMPERATURE 
Minimum Pump Compression Ratio 3 
Maximum Pump Compression Ratio 10 
Maximum Expander Inlet Temperature [°C] 210 
Table 4.1-3 
The condensing temperature imposed were either 35 °C or 45 °C as a function of the scope of the 
analysis, the results obtained with the two different condensing temperatures are compared. 
Finally, simulations have been carried out for the working fluids listed in Table 4.1-7, except 
water. Those working fluids have been chosen among the ones commonly employed in ORCs 
especially because they are particularly different one from another, some are dry some others are 
wet, some are cheap some others are expensive. Anyway their characteristics allowed the author 
to make a complete analysis that can be extended to other fluids. 
Moreover, it is fundamental to underline that, since the pump compression ratio has been chosen 
as an input, rather than the pump pressure rise, only fluids that have a pump inlet pressure high 
enough have been tested. For instance water and ethanol have a significantly higher critical 
temperature and pressure than the fluids listed in Table 4.1-7, so at the pump inlet temperature 
selected (35 °C or 45 °C) they have a pressure very low. Hence, even though the fluid is 
compressed in the pump and its pressure is multiplied by a factor of ten, the working fluid is not 
able to overcome the pressure losses inside the heat exchangers and produce useful work. This 
limitation is avoided in the detailed model, where the parameter chosen to characterize the pump 
performances is the pressure rise, also known as pump head. In the detailed model the pressure at 
the pump outlet is not a multiple of the pressure at the pump inlet, but it is the pressure at the 
pump inlet plus the desired pump pressure rise, the latter can be controlled by selecting a proper 
pump and by varying its rotational speed. 
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In short, the choice of using as an input of the preliminary model the pump compression ratio 
penalizes too much the working fluids with a high critical pressure. Countermeasures have been 
taken to overcome this limitation in the detailed analysis; the pump model adheres more to the 
reality because the pump pressure rise is the characterizing parameter. 
That said, the different comparisons made are summarized in the bullet list below: 
1) For a given condensing temperature, system layout and working fluid the combination of 
compression ratio and expander inlet temperature that maximizes the net power output 
has been investigated. 
2) For a given condensing temperature, working fluid, pump compression ratio and 
expander inlet temperature the performances achievable with the two different system 
layouts (recuperative and standard) have been compared. 
3) For a given combination of system layout and condensing temperature, the maximum net 
power outputs achievable with different working fluids have been compared. 
The results obtained and the considerations done are reported in the following paragraphs. 
4.1.1 Operating parameters that maximize the performances 
In order to assess the pump compression ratio and the expander inlet temperature that maximize 
the net power output simulations have been carried out just for a condensing temperature equal to 
45 °C since the results do not change for changing condensing temperature. Moreover, only for 
the purpose of theoretically studying the influence of these two factors, the maximum 
compression ratio has been set equal to 25, even if it is unrealistic or it is economically unfeasible 
to realize. Running the preliminary model and searching among the possible combinations of 
pump compression ratios and expander inlet temperature the one that returns the highest net 
power output the results shown in Table 4.1-4 and Table 4.1-5, respectively for a standard ORC 
and a recuperative ORC, have been found out. 
The results reported in the table are easy to be interpreted, in the columns the maximum net 
power output achievable with a given working fluid is reported along with other operating 
parameters. Each row of the tables refer to a different working fluid among those considered in 
the preliminary analysis. In both tables the fluid that gives the maximum net power output is 
highlighted with bold characters.  
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From the previous sections subscripts 1 and 2 of the tables analyzed refer to the state of the 
working fluid respectively at the pump inlet and outlet, the meaning of the other symbols is 
shortly defined here: 
 Tevap: evaporation temperature 
 Texp,in: expander inlet temperature 
 P2/P1: pump compression ratio 
 Pcritical: critical pressure 
 P2-P1: pump pressure rise 
 wf MFR: mass flow rate of the working fluid 
 Texh,out: exhaust gas outlet temperature 
Looking at Table 4.1-5 that refers to a recuperative ORC, with an internal heat exchanger 
(recuperator) included, it appears evident that for a recuperative ORC the higher the expander 
inlet temperature the greater is the net power output. In fact the expander inlet temperature that 
gives the maximum power output is equal to the maximum one imposed (210 °C) for every 
working fluid with the only exception of the R134a. In order to make a more accurate comparison 
the amount of superheat given to the working fluid should be considered. So comparing the 
evaporating temperature to the expander inlet temperature, it comes out that the R134a has the 
greatest difference between evaporating temperature and expander inlet temperature, hence it 
receives a great amount of superheat. The expander inlet temperature is lower if compared to that 
of the other fluids only because the evaporating temperature is significantly lower. So it can be 
stated that for a recuperative ORC no matter what kind of working fluid is adopted, a great 
amount of superheat is to be preferred paying attention not to overcome the maximum 
temperature that the expander can withstand and that one the working fluid can withstand without 
becoming unstable. This happens because even if at the expander outlet the working fluid is still 
at high temperatures, a portion of the heat left in the working fluid is used in the recuperator to 
pre-heat the high pressure liquid coming out of the pump, increasing the overall efficiency of the 
cycle. On the other hand the interpretation of the optimal expander inlet temperature for a 
standard ORC Table 4.1-4 is more complex. In general we see that the expander inlet 
temperatures are lower for R245fa, R134a and Pentane, whereas they remain unchanged and still 
equal to 210 °C for the other three working fluids analyzed. However, looking also at the 
evaporating temperatures we can see that the R134a still receives a great amount of superheat. 
Theoretically, for dry and isentropic fluids in a recuperative ORC no superheat gives a better net 
power output, instead, for wet working fluids a significant amount of superheat should be 
preferred. 
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The finding partially agrees with the theory, in fact the wet working fluids considered, R134a and 
R21 give the best net power output with a significant amount of superheat, even if in the case of 
the R134a not the maximum possible. On the other hand, only pentane that is a dry fluid gives the 
best results with only a very small amount of superheat; all the other isentropic and dry working 
fluids (R245fa, R141b and R123) give the greatest net power output with a non-negligible 
amount of superheat, so before selecting the desired expander inlet temperature for a standard 
ORC an accurate analysis should be carried out to see the most convenient one. 
Now focusing the attention on the pump compression ratio column we can see that there is no an 
optimal value valid for all the working fluids. So in order to understand better this phenomenon 
the analysis should be extended also to the pump outlet pressure and to the critical pressure 
columns. In particular if we compare the just mentioned columns of both tables (Table 4.1-4 and 
Table 4.1-5) it is easy to notice how the optimal pressure at the pump outlet is very close to the 
critical pressure, just slightly lower, no matter the fluid selected or the type of ORC. That 
corresponds to that theoretically predictable since increasing the pump outlet pressure the area 
defined by the cycle plotted on a T-s diagram that is proportional to the net power output, 
increases. So basically the higher the pump outlet pressure the greater the net power output. 
However, there are two very important limitations. The first one, already mentioned, is the critical 
pressure of the working fluid; the pressure at the pump outlet has to be lower than this value with 
a certain margin of safety, from the data acquired with the simulation 10 kPa is sufficient, 
however, if the risk of having a supercritical ORC wants to be avoided, 100 kPa appears more 
adequate. Actually, the most stringent limitation usually is another that has not been considered 
here: the maximum pressure that the expander can withstand, usually around 2000-2500 kPa for a 
scroll expander. If it was taken into account no one of the performances reported in Table 4.1-4 
and Table 4.1-5 could have been achieved, since the P2 reported are 1000 to 2000 kPa over the 
usual limit of an expander. 
Finally, even if it was not the objective of this analysis the working fluid that seems to provide 
the greatest net power output is the R141b. More interesting is the analysis of the correspondent 
efficiencies, that can give an indication on the maximum performances achievable with different 
working fluids and with the component operating parameters defined in Table 4.1-2. 
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 For a standard ORC the maximum cycle efficiency is around 9 to 12% and the maximum 
recovery efficiency, defined in Equation (3.24), is around 80%. 
 For a recuperative ORC the maximum cycle efficiency is higher, ranging from 13% to 
15%, whereas the recovery efficiency is slightly lower around 70% because the 
temperature at the boiler inlet of the working fluid is higher since the high pressure liquid 
is heated up in the recuperator. 
In any case the net power output for a given working fluid as well as the total efficiency, defined 
as the products of the two efficiencies mentioned above, is always higher for recuperative ORCs. 
To conclude, the objective here was to understand which pump pressure ratio and expander inlet 
temperature maximize the net power output rather than assess the net power output achievable 
itself. It has been found out that the higher the compression ratio, and in turns the expander inlet 
pressure, the higher is the net power output, no matter the layout of the system nor the working 
fluid type. On the other hand the expander inlet temperature that gives the maximum net power 
output is the highest possible for a recuperative ORC (no matter the working fluid) and for a 
standard ORC with wet working fluids. However, for dry or isentropic working fluids the optimal 
expander inlet temperature may vary from the condition in which no superheat is provided to the 
condition where a significant amount of superheat is given. For each kind of working fluid an 
analysis is suggested to understand which is the best expander inlet temperature. 
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STANDARD ORC 
 
Max 
Net 
Power 
output 
[kW] 
Tevap 
[°C] 
Texp 
in 
[°C] 
P2/P1 
P2 
[kPa] 
P 
critical 
[kPa] 
P1 
[kPa] 
P2-P1 
[kPa] 
wf 
MFR 
[kg/s] 
Recovery 
Efficiency 
Cycle 
Efficiency 
Efficiency 
Tot 
Texh 
out 
[°C] 
R245fa 1.539 153.9 187.2 12.4 3641.0 3651.0 294.5 3346.5 0.055 81.59% 9.60% 7.83% 129.0 
R134a 0.972 100.9 180.1 3.5 4049.3 4059.3 1159.9 2889.4 0.057 81.50% 6.07% 4.95% 129.5 
Pentane 1.818 196.3 199.7 24.7 3360.0 3370.0 136.1 3223.9 0.028 81.59% 11.34% 9.25% 129.0 
R141b 2.052 197.8 210.0 25.0 3908.8 4212.0 156.4 3752.4 0.051 81.51% 12.81% 10.44% 129.5 
R123 1.861 183.5 210.0 20.1 3651.8 3661.8 181.7 3470.1 0.062 81.54% 11.61% 9.47% 129.3 
R21 1.977 178.1 210.0 15.1 5171.2 5181.2 343.2 4828.0 0.056 81.33% 12.37% 10.06% 130.5 
Table 4.1-4: Best performance with a standard ORC, Tcond = 45 °C. 
 
RECUPERATIVE ORC 
  
Max 
Net 
Power 
output 
[kW] 
Tevap 
[°C] 
Texp 
in 
[°C] 
P2/P1 
P2 
[kPa] 
P 
critical 
[kPa] 
P1 
[kPa] 
P2-P1 
[kPa] 
wf 
MFR 
[kg/s] 
Recovery 
Eff 
Cycle 
Eff 
Eff Tot 
T exh 
out 
[°C] 
R245fa 1.896 153.1 210.0 12.4 3641.0 3651.0 294.5 3346.5 0.062 71.16% 13.55% 9.64% 187.9 
R134a 1.325 100.8 199.6 3.5 4049.3 4059.3 1159.9 2889.4 0.074 73.60% 9.16% 6.74% 174.1 
Pentane 2.152 194.4 210.0 24.7 3360.0 3370.0 136.1 3223.9 0.031 71.34% 15.35% 10.95% 186.9 
R141b 2.219 193.9 210.0 24.3 3794.1 4212.0 156.4 3637.7 0.055 74.81% 15.10% 11.30% 167.3 
R123 2.111 182.1 210.0 20.1 3651.8 3661.8 181.7 3470.1 0.071 73.43% 14.63% 10.74% 175.1 
R21 2.065 172.9 210.0 14.1 4826.1 5181.2 343.2 4482.9 0.058 77.08% 13.64% 10.51% 154.5 
Table 4.1-5: Best performance with a recuperative ORC, Tcond = 45 °C. 
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4.1.2 System layout comparison 
The previous paragraph has already furnished few indications about the comparison between the 
two possible system layouts (recuperative or standard), however to make a complete and 
extensive analysis the power output as well as the other operating parameters, have to be 
compared in the whole range considered of expander inlet temperature and pump compression 
ratio. In the present paragraph the net power output and other parameters are plotted in 3d graphs 
for all the possible combinations of pump compression ratio and expander inlet temperature of 
each working fluid; the condensation temperature used to derive these pictures is equal to 45 °C. 
Figure 4.1-2 shows the net power output of the cycle achievable by each working fluid with a 
standard ORC, blue surfaces, and with a recuperative ORC, red surfaces. It immediately results 
evident how the red surfaces are above the blue ones for almost every operating conditions. So 
the recuperative ORC appears to be a better solution. However, there are different combinations 
of expander inlet temperature and pump compression ratio in which the blue surfaces are over the 
red ones. 
 
Figure 4.1-1: Pump inlet pressure, corresponding to the saturated liquid pressure at 45 °C. 
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Figure 4.1-2: Net power output, system layout comparison, Tcond = 45 °C. 
In particular these areas are significant for Pentane and R141b. Giving a closer look it results 
evident that the zones in which the blue surfaces prevail have a low pump compression ratio 
(P2/P1).This could be explained considering that the pressure losses, that negatively affect the 
power output, in a recuperative ORC are greater than the pressure losses in a standard ORC since 
there is a further heat exchanger, the recuperator. For low compression ratios these further 
pressure losses are more influencing up to the point that they overcome the benefits of the 
recuperation.  
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The validity of this consideration is confirmed comparing the pressure at the pump inlet (P1) of 
the six working fluids considered, this parameter is only function of the fluid saturation curve 
since it is the pressure of the saturated liquid at the selected condensing temperature (45 °C). 
Looking at Figure 4.1-1 it results that the three working fluids on the right column of Figure 4.1-2 
(R141b, R123, and Pentane) have the lowest pump inlet pressure. Those fluids are also the ones 
in which the net power output of the standard ORC is greater than the net power output of the 
recuperative ORC for a wider range of pump compression ratios (blue surface over the red 
surface of Figure 4.1-2. In fact, for a certain pump compression ratio, to a lower pressure at the 
pump inlet corresponds a lower pressure at the pump outlet. In turns the pressure losses inside the 
heat exchangers represent a greater percentage of the pump outlet pressure making the cycle 
efficiency, hence the net power output, of a recuperative ORC drop. For example let’s compare 
the performances of R245fa and Pentane for a pump compression ratio equal to 5 and a expander 
inlet temperature equal to 210 °C. The pump inlet pressure of R245fa is equal to 1475 kPa 
obtained multiplying the pump inlet pressure of Figure 4.1-1 to the pump compression ratio 
selected. Repeating the same procedure the Pump outlet pressure of the Pentane is equal to 680 
kPa. The total pressure losses considered for a recuperative ORC are 461 kPa from Table 4.1-2; 
respectively 31% of the pump outlet pressure for the R245fa and 67% of the pump outlet pressure 
for the Pentane. On the other hand if a standard ORC is used the total pressure losses inside the 
heat exchangers are equal to 352 kPa, respectively 23% (R245fa) and 51% (Pentane) of the pump 
outlet pressure. For the R245fa the reduction of this percentage (from 31% to 23%) is lower than 
that of the Pentane (from 67% to 51%), meaning that Pentane has a greater benefit in terms of 
reduction of pressure losses in employing a standard ORC if compared to the R245fa. In fact, 
looking at the correspondent charts of the net power output for the two working fluids considered, 
at an expander inlet temperature of 210 °C and a pump compression ratio of 5 there are two 
different situations: in the R245fa charts a recuperative ORC gives greater net power output, 
whereas in the Pentane chart a standard ORC gives a greater net power output. In short, in the 
operating conditions considered in the case Pentane were used, the introduction of the recuperator 
generates an increase in pressure loss that is so high, in terms of percentage of the pump outlet 
pressure, to hide the benefits of the recuperation and to make the net power output decrease rather 
than increase; so a standard ORC should be preferred. On the opposite, for R245fa, the increase 
in pressure loss does not influence too much the net power output of the cycle so the adoption of 
a recuperative ORC with the recuperator still increases the net power output. 
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Actually, it should be underlined that the difference between the net power output of a standard 
and a recuperative ORC for low values of expander inlet temperature is very small. In some cases 
(R134a and R21), even at high values of compression ratio, a standard ORC gives a higher net 
power output. This was expected from what stated in the previous paragraph (4.1.1), since the 
recuperator gives the best benefits when there is a high temperature at the expander outlet. 
The considerations made above are summed up in the bullet list below: 
 The net power output of a recuperative ORC (red surfaces of Figure 4.1-2) in general is 
greater than the net power output of a standard ORC (blue surfaces). 
 For low compression ratios might happen that the net power output of standard ORCs is 
higher than that of recuperative ORCs, due to the greater pressure losses that characterize 
a recuperative ORC. 
 The range of compression ratios in which the net power output of a standard ORC is 
higher than that of recuperative ORC is a function of the fluid properties and in particular 
of the pump inlet temperature assumed equal to the pressure of the saturated liquid at the 
selected condensing temperature. The lower this pressure the bigger the range. 
Nonetheless, it results evident that the overall greatest net power output achievable is achieved 
for every working fluid with the recuperative system layout. So if the pump compression ratio 
and expander inlet temperature can be chosen arbitrarily by the designer, a recuperative ORC is 
advisable since it can provide the maximum possible net power output for a given working fluid. 
Figure 4.1-3 illustrates the cycle efficiency as a function of the pump compression ratio and the 
expander inlet temperature. The light blue surfaces correspond to recuperative ORCs whereas the 
yellow ones correspond standard ORCs. The plots of Figure 4.1-3, as predictable, have the same 
shape of the net power output plots of Figure 4.1-2. Actually the difference between the surfaces 
is more accentuated if compared to that of the net power output, in fact the zone in which a 
standard ORC has a better efficiency than a recuperative ORC is smaller than the area in which a 
standard ORC gives a greater net power output than a recuperative ORC, for a given working 
fluid. This difference can be easily noted looking at the R21 and R134a plots, for high values of 
P2/P1 and low values of expander inlet temperature (T3) the net power output of a standard ORC 
is greater however the cycle efficiency is lower. This fact is easily explained recalling that the 
cycle efficiency is calculated as the net power output of the cycle divided by the heat introduced 
in the cycle during the evaporation of the working fluid, that in a WHR unit corresponds to the 
heat given by the exhaust gas. However, this heat absorbed by the working fluid may vary in 
absolute value from fluid to fluid and especially from a system layout to another. 
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More precisely, in a standard ORC the boiler inlet temperature is lower than in a recuperative 
ORC, with a standard ORC more heat can be extracted from the exhaust gas (the recovery 
efficiency is higher). Hence in the general case where the cycle efficiency of a standard ORC is 
lower than in a recuperative ORC the greater amount of heat introduced makes the net power 
output difference less accentuated. 
Anyway, beside this clarification, all the other considerations done for the net power output plots 
hold. 
Finally in Figure 4.1-4 the mass flow rate of the working fluid is depicted for the same range of 
pump compression ratios and expander inlet temperatures. 
 
Figure 4.1-3: Cycle efficiency, system layout comparison, Tcond = 45 °C. 
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Figure 4.1-4: Working fluid mass flow rate, system layout comparison, Tcond = 45 °C. 
Looking at the charts two main considerations that hold for every working fluid can be done: 
 Recuperative ORCs have to be supplied with more mass flow rate than standard ORCs no 
matter what working fluid is selected nor which combination of P2/P1 and T3. 
 For a given P2/P1, the lower the temperature at the expander inlet (T3) the higher the mass 
flow rate of working fluid required. 
The latter can be explained simply considering that, for a given boiler inlet temperature, the lower 
the expander inlet temperature the lower the enthalpy rise between across the boiler. With that in 
mind, for a given heat transfer rate in the boiler, the lower the enthalpy rise the higher the mass 
flow rate of the working fluid required to extract the same amount of heat from the exhaust gas. 
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A similar explanation can be done to the first consideration made. In particular as previously said 
the boiler inlet temperature of a standard ORC is lower than the boiler inlet temperature of a 
recuperative ORC so the enthalpy rise across the boiler with a standard ORC is higher and as a 
consequence the mass flow rate of the working fluid should be lower with respect to that of a 
recuperative ORC. However, this is true if the heat transfer rate inside the boiler of a standard 
ORC were the same as that one of a recuperative ORC. Since we have already said that the heat 
transfer rate inside the boiler is higher for standard ORCs the explanation to this phenomenon is a 
little more complex. From a recuperative ORC point of view there are two differences that affects 
the mass flow rate. From one side the enthalpy rise across the boiler is lower, so a greater mass 
flow rate is expected, but from another side the heat transfer rate is lower, so a lower mass flow 
rate is expected. Since in the charts of Figure 4.1-4 the mass flow rate of the working fluid in a 
recuperative ORC is higher than that in a standard ORC, it is evident that the contribution that 
prevails is that of the lower enthalpy drop. So the decrease in enthalpy rise is greater than the 
decrease in heat transfer rate. The greater amount of mass flow rate required is a small 
disadvantage of the recuperative ORC with respect to the standard ORC since the pipe and 
components dimensions have to be bigger, adding complexity to the system. 
4.1.3 Working fluids preliminary comparison 
The last analysis carried out by means of the preliminary model is the comparison of the working 
fluids considered in terms of absolute performances. 3d graphs, similar to those presented in the 
previous paragraph, are shown in the following. The are two plots (one for standard and another 
for recuperative ORC) for each operating parameter (e.g. net power output) in which the results 
obtained with different working fluids are reported together. 
 
Figure 4.1-5: Net power output achievable with different working fluids in a recuperative ORC (left) and a 
standard ORC (right), Tcond = 35 °C. 
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The range of pump compression ratio (P2/P1) used goes from 3 to 10 or from 3 to the pump 
compression ratio that makes the pump outlet pressure stay below the critical pressure of the 
working fluid considered. On the other end the expander inlet temperature (T3) as usual goes from 
the saturated vapor temperature at the expander inlet pressure up to 210 °C. In practice the lower 
bound of T3 is different for each working fluid. 
Figure 4.1-5 shows the net power output comparison, on the left side the results obtained with a 
recuperative ORC are reported and on the right side the ones obtained with a standard ORC. The 
first thing that appears evident is that there is a working fluid whose pump compression ratio 
range is limited and cannot go over 5, it is the red one (R134a) this is due to its high pressure at 
condensation temperature, so multiplying this pressure by the compression ratio the pump outlet 
pressure quickly becomes higher that the critical temperature. That said, let’s analyze more 
accurately the picture on the left side. The working fluid that gives the best performances 
throughout almost the whole range of variability of the two independent variables considered is 
the R21 Looking at the physical properties of this fluid, reported inTable 4.1-7, it turns out that it 
has the second highest latent heat and the lowest specific heat among the working fluids tested. 
As explained in paragraph 2.3.1 these are the conditions that a working fluid should have to 
obtain a high net power output. 
Actually for low values of the compression ratio R134a is able to provide a net power output even 
greater and in particular if the maximum possible T3 is used the net power output plot of the 
R134a presents a pronounced peak. Excluding R134a from the ranking the second best working 
fluid (in terms of net power output) appears to be R245fa followed by R123, R141b and Pentane. 
This ranking is substantially different from that emerged in Table 4.1-5 where R141b was the 
fluid that gave the greatest net power output, this is because the maximum pump compression 
ratio considered in the analysis reported in this paragraph is limited to 10 whereas in Table 4.1-5 
the limit was significantly higher (25). However, since in a WHR unit the practical maximum 
compression ratio is not higher than 10 this limitation is necessary and in the detailed model there 
will be an even more stringent one. 
Anyway, the conclusions drawn in paragraph 4.1.1 are confirmed: for each working fluid the 
maximum net power using a recuperative ORC is obtained with the maximum possible expander 
inlet temperature and maximum pump compression ratio. 
More complex are the results reported on the right side of Figure 4.1-5. The best working fluid 
still is the R21, except in the case the cycle is operated at small compression ratios and a high 
expander inlet temperatures, conditions in which R134a remains the best working fluid. However, 
the second best is difficult to be determined. 
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Table 4.1-6: Maximum net power output achievable with different working fluids with standard ORC (blue 
columns) and recuperative ORC (red columns), Tcond = 35 °C. 
More precisely, for high pump compression ratios and low expander inlet temperatures R141b 
and Pentane prevail over R245fa. On the contrary, at medium to high expander inlet temperatures 
and high compression ratios R245fa is the second best followed by R141b and Pentane. Finally 
for low compression ratios R245fa is still the second best, but followed by R123. 
Table 4.1-6 compares the maximum net power outputs achievable by the working fluids 
analyzed, no matter the combination of pump compression ratio and expander inlet temperature. 
In absolute value the maximum net power output is achieved with R21 recuperative ORC, 
followed by R21 standard ORC and R245fa recuperative ORC. Furthermore, the table above 
underlines the benefits of the introduction of the recuperator in terms of increase in maximum net 
power output. Pentane and R141b do not have great benefits (e.g. Pentane goes from 1.44 kW to 
1.47 kW, less than 2% increase) so the adoption of a recuperative ORC for such fluids is not 
suggested whereas R245fa and R134a have great advantages in using a recuperative ORC, their 
maximum net power output  respectively grows of 19.4% and 35.3%, making the R134a pass 
from the less appealing working fluid if a standard ORC is used to the fourth best behind R21, 
R245fa and R123 with a recuperative ORC. Anyway, with the boundary conditions imposed the 
net power output of the R21 with a recuperative ORC is around 2 kW that corresponds to an 
increase of 6.8% of the engine power, considering a power delivered by the engine of 29 kW. 
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The plots on T-s diagrams of the cycles that give the net power outputs reported on Table 4.1-6 
are illustrated in Figure 4.1-6 and Figure 4.1-7. On the top of each plot the combination of P2/P1 
and T3 that give the maximum net power output is reported. 
  Name Type 
Molecula 
weight 
Tcr (K) 
Pcr 
(MPa) 
Vapor 
Cp 
(J/kg-K) 
Latent 
heat 
(kJ/kg) 
ξ 
(J/kg-
k^2) 
R-21 
Dichlorofluor
omethane 
HCFC 102.92 451.4 5.18 339.85 216.17 -0.78 
R-123 
2,2-Dichloro-
1,1,1-
trifluoroethan
e 
HCFC 152.93 456.8 3.66 738.51 161.82 0.26 
R-134a 
1,1,1,2-
Tetrafluoroet
hane 
HFC 102.03 374.2 4.06 1211.51 155.42 -0.39 
R-
141b 
1,1-Dichloro-
1-
fluoroethane 
HCFC 116.95 477.5 4.21 848.37 215.13 0.00 
R-
245fa 
1,1,1,3,3-
Pentafluoropr
opane 
HFC 134.05 427.2 3.64 980.90 177.08 0.19 
R-601 Pentane HC 72.15 469.7 3.37 1824.12 349.00 151 
R-718 Water - 18.00 647.1 22.06 1943.17 2391.79 
-
17.78 
Table 4.1-7: Thermodynamic and physical properties of the organic working fluids plus water. 
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Figure 4.1-6: T-s plots of the standard ORCs that give the maximum net power output for each working fluid, 
Tcond = 35 °C. 
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Figure 4.1-7: T-s plots of the recuperative ORCs that give the maximum net power output for each working 
fluid, Tcond = 35 °C. 
Once again from the pictures above it is clear how for every working fluid in a recuperative ORC 
a significant amount of superheat is preferable, whereas for four, out of six, working fluids a low 
amount of superheat is more suitable in a recuperative ORC. 
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Nonetheless, in order to compare and decide which working fluid is the most suitable for the 
application in a ORC for a WHR unit, two other major factors, along with the net power output, 
play a very important role: environmental pollution regulations and pressure at the pump inlet. 
Table 4.1-8 shows the safety groups and the three principal indexes, already presented in 
paragraph 2.3.4, that quantify the impact that the working fluids have on the environment. 
Looking at the regulations already in place, the refrigerants with ODP around 1 have already been 
phased out. All the six working fluids analyzed meet this requirement, however the regulations in 
terms of ODP will become more stringent in the next years. More precisely the fluids with ODP 
greater than zero, like R21, R123, and R141b, will be banned in 2020 or 2030. Even if in 
literature are reported different applications of such working fluids in ORCs, in the present work 
has been preferred not to consider them suitable for the application because a WHR system for a 
vehicle has to be designed imagining a medium to long term usage of the device, and it makes 
poor sense to design all the components for a working fluid that will be banned within 6 years. 
Given that, the three working fluids remaining after this first skimming are R134a, R245fa and 
Pentane (or R601). None of them have safety groups particularly dangerous. In this case of 
application the designer should be more worried by the flammability rather than the toxicity so 
safety groups A1 and B1 are acceptable because they are not flammable, look at paragraph 2.3.3 
for reference. 
  Name 
Safety 
group 
ODP 
GWP  
(100 yrs) 
Atmospheric 
lifetime (yrs) 
R-21 Dichlorofluoromethane B1 0.04 151 1.7 
R-123 
2,2-Dichloro-1,1,1-
trifluoroethane 
B1 0.02 77 1.3 
R-134a 
1,1,1,2-
Tetrafluoroethane 
A1 0 1430 14 
R-141b 
1,1-Dichloro-1-
fluoroethane 
A2 0.12 725 9.3 
R-
245fa 
1,1,1,3,3-
Pentafluoropropane 
B1 0 1030 7.6 
R-601 Pentane - 0 4 ± 2 12 ± 3 
Table 4.1-8: Safety group and pollution indexes of the working fluids analyzed. 
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Now the second requirement comes into play; the lowest pressure around the cycle still has to be 
higher than the ambient pressure in order to avoid infiltration of air inside the pipes in the case of 
there was a non-perfect sealing. The section in which the pressure is the lowest is definitely that 
of the pump inlet. Since in the preliminary model the pump inlet state corresponds to the 
saturated liquid state at the selected condensing temperature, it just takes to look at the fluid 
properties tables and determine the pressure of the saturate liquid at the lowest condensing 
temperature possible (35 °C) of the three refrigerants remaining. The results are summarized in 
Table 4.1-9. 
 
Saturated liquid pressure at 35 °C [kPa] 
R-134a 887.0 
R-245fa 211.7 
Pentane 97.7 
Table 4.1-9: Lowest pressure around the cycle of each working fluid. 
Taking into account that the ambient pressure is around 101.3 kPa it results evident that Pentane 
does not meet the requirement just imposed hence the only two working fluids remaining in the 
list are R134a and R245fa. Not by chance this two refrigerants are the most widely used also in 
the air conditioning systems and in different other applications so their availability is high and 
their cost is fair. It must be said that if a saturated liquid temperature of 45 °C was chosen for the 
Pentane its pressure would be higher than the ambient one but the net power output of the cycle 
would be slightly lower. 
Finally, in order to decide which is the most suitable working fluid, we can go back and look at 
Table 4.1-6. R245fa definitely gives better performances, moreover it does not represent a 
compromise for what concern the Global Warming Potential (GWP of Table 4.1-8) and the 
Atmospheric Lifetime since both these indexes are lower than those of the R134a even if they are 
not low in absolute value. 
To some up, the criterion adopted to rank the working fluid has been the following: 
 zero ODP in order to meet the regulations that will be introduced in 2020 
 pump inlet pressure higher than ambient pressure 
 performances 
 GWP and safety considerations. 
Among the fluid that have failed to meet the first requirement the one that gives the greatest net 
power output has been put first. The resulting ranking is shown in the bullet list below: 
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1) R245fa 
2) R134a 
3) Pentane or (R601) 
4) R21 
5) R123 
6) R141b. 
4.1.4 Considerations on the design alternatives 
The indications given in this section will constitute the bases for the analyses reported in the 
section 4.2. The recuperative ORC seems to be the best choice especially if fluids like R134a and 
R245fa are used. Beside that it has been found out that the simplest way to increase the net power 
output of the cycle is to make the pump outlet pressure as high as possible. The limitations to this 
pressure are basically three: 
 pump characteristics 
 critical pressure of the working fluid 
 maximum pressure that the expander can withstand. 
The latter has not been treated in this section but it will be considered in the following one. For 
what concerns the expander inlet temperature for a recuperative ORC it should be as high as 
possible, whereas for a standard ORC a more detailed investigation of the working fluid 
employed is necessary to determine the best expander inlet temperature. It has also been showed 
how with a recuperative ORC higher efficiencies in absolute value can be achieved, if proper 
pump compression ratios and expander inlet temperatures are picked. However, the mass flow 
rate of the working fluid required by a recuperative ORC is always higher than that of a standard 
ORC. Finally a brief comparison of six organic working fluids has been illustrated. These 
working fluids have been chosen among the most commonly employed in literature and 
especially because they belong to different families (wet isentropic and dry) so the differences 
could be discovered. Even though a more complete analysis will be carried out with the detailed 
model, the working fluids ranking reported, furnishes a good indication of which can be the 
refrigerants more interesting for a WHR system application. In particular, R245fa has been 
indicated, by almost all the carmakers dealing with research in this field, as the most promising 
working fluid along with ethanol that has not been analyzed so far because of the limitation of the 
preliminary model explained at the beginning of section 4.1. Anyway by means of the detailed 
model the performances obtained with ethanol, water, R245fa and R134a will be thoroughly 
examined. 
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4.2 Detailed analysis of the WHR unit based on a ORC installed in 
a vehicle 
The detailed model of a Waste Heat Recovery unit developed in Matlab/Simulink environment 
was explained in section 3.2. This flexible simulation tool was built to investigate the behavior of 
the device estimating the potential power output of the system in stationary conditions, as well as 
the fuel savings in an homologation driving cycle. As already mentioned, the detailed model is a 
flexible tool that can be adapted to multiple operating conditions and system layout 
configurations; it will be used by the simulation teams of Fiat and Chrysler that will integrate this 
Matlab/Simulink model, of the WHR unit, in a Simulink model of the overall vehicle to which the 
WHR unit is destined. However, the first step to accomplish in order to check the validity of the 
detailed model is to compare its results to those coming from experimental tests. That was 
possible because at the Fiat Research Center (CRF) in Turin there is an already working test rig 
of an ORC. 
The remaining of this section will be divided into five parts: 
1) calibration of the model with experimental data already available 
2) steady state simulation at target operating conditions and sensitivity analysis 
3) steady state comparison of different working fluids at target operating conditions 
4) WHR unit integration with the engine and creation of the net power output map 
5) simulation of the behavior of the system into a homologation driving cycle and 
assessment of the potential fuel savings. 
4.2.1 Calibration of the detailed model 
The test rig available at CRF, as already said, was used to check the validity of the results 
obtained with the detailed model. The technical characteristics of the test rig are reported in the 
list below: 
 standard ORC (no recuperator) 
 scroll expander integrated with an electric generator, the maximum pressure at the 
expander inlet is 1500 kPa 
 boiler electrically heated (the working fluid is not heated nor vaporized by the exhaust 
gas of an engine), maximum temperature at the boiler outlet is 150 °C 
 water cooled condenser 
 volumetric pump, maximum pressure rise of 1700 kPa 
 working fluid R245fa. 
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The procedure followed was to collect the data of tests already performed, adapt the inputs of the 
detailed model in order to exactly replicate the operating conditions of the tests and finally check 
if the outputs of the model coincide with the results of the tests. 
Measurement stations of temperature and pressure are placed upstream and downstream of each 
component. A mass flow rate measurement station is placed at the pump outlet. The power output 
is measured as the electric load transmitted to a resistor. The tests, whose results were utilized, 
have been performed following a two steps procedure: 
 The boiler has been warmed up until the desired temperature at the boiler outlet is 
reached. 
 The data coming from the measurement stations were acquired each second for a period 
of two minutes. 
Hence, after the data acquisition process, Excel tables were generated containing the following 
data for each second of the acquisition period: 
 temperature in [°C] before and after each component 
 pressure in [kPa] before and after each component 
 the heat transfer rate exchanged in the boiler and in the condenser [kW] 
 the mechanical power produced by the expander and absorbed by the pump [kW] 
 the mass flow rate of the working fluid measured after the pump [kg/s]. 
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Figure 4.2-1: Standard ORC test rig facility at the CRF. 
Some other parameters of interest were evaluated from those measured: 
 ORC cycle efficiency 
 pump and expander isentropic efficiencies. 
In order to compare the results stored in such tables with the results of the model a time average 
of these parameters has been done. The experimental data available referred to four different 
expender inlet temperatures: 
 120 °C 
 130 °C 
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 140 °C 
 150 °C. 
4.2.1.1 Expander inlet temperature 150 °C comparison 
In the first comparison performed the expander inlet temperature was the highest possible 
achievable by the instrumentation, 150 °C. The results of the experimental tests available are 
illustrated in Table 4.2-1 and Table 4.2-2. 
  T [°C] P [kPa] 
Pump inlet 22.5 145 
Pump out 24.1 1326 
Boiler inlet 23.5 1322 
Boiler outlet 151.5 1304 
Expander inlet 149.4 1289 
Expander outlet 107.3 200 
Condenser inlet 105.0 169 
Condenser outlet 23.7 150 
Table 4.2-1: Measured temperatures and pressures at the inlet and outlet of each component, T boiler out = 150 
°C. 
MFR WF [kg/s] 0.048 
Net power [kW] 1.43 
Pump efficiency  0.36 
Expander efficiency 0.75 
Cycle efficiency 9.74% 
Boiler power [kW] 14.68 
Expander power [kW] 1.55 
Pump power [kW] 0.117 
Condenser power [kW] 12.92 
Coolant inlet temp [°C] 21.3 
Coolant outlet temp [°C] 22.3 
Table 4.2-2: Measured cycle outputs, T boiler out = 150 °C. 
From these results the input parameters necessary to carry out the simulation with the detailed 
model have to be extrapolated to replicate the conditions in which the tests were carried out. To 
this purpose, in the first six pop-up menus of the initial input window, shown in Figure 3.2-3, the 
answers were respectively: 
 “R245fa”, the working fluid adopted 
 “No”, there is no recuperator 
 “No”, initially the pressure drop in the pipes was not considered 
 “Yes”, constant expander and pump efficiency 
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 “Yes”, constant heat exchanger effectiveness 
 “Yes”, constant heat exchanger pressure drop. 
In particular, the pressure drop inside the pipes was assumed equal to zero in the first simulation. 
Moreover, in the remaining two pop-up menus distributed in the input window the answers were: 
 “No” to the one asking if the expander was mechanically connected to the engine shaft. 
 “Water” to the one were the coolant fluid in the condenser had to be selected. 
Tsubcooling 5 [°C] Standard value assumed 
Texp,in 149.4 [°C] Equal to the measured value 
εboiler 0.745 
Computed with the definition of effectiveness, from 
the measured temperatures at the boiler inlet and 
outlet 
ΔPboiler 18.25 [kPa] 
Computed as the pressure at the boiler inlet minus 
the pressure at the boiler outlet measured 
Tpinch,boiler  10 [°C] Standard value assumed 
Texh,min 100 [°C] Standard value assumed 
ηexpander 0.754 Equal to the measured value 
Pexp,max 1500 [kPa] Expander specification 
Pratio,exp  
Min-Max 
2-8 Component specification 
Exp VFR 
Min-Max 
0.003 0.0095 [kg/s] Component specification 
εcondenser 0.011 
Computed with the definition of effectiveness, from 
the measured temperatures at the condenser inlet 
and outlet 
Tpinch,condenser 2 [°C] Component specification 
ΔPcondenser 17.25 [kPa] 
Computed as the pressure at the condenser inlet 
minus the pressure at the boiler outlet measured 
Tcoolant,in 21.3 [°C] Equal to the measured value 
ηpump 0.361 Equal to the measured value 
Pump Head 
nom 
1181 [kPa] 
Compute as the pressure at the pump outlet minus 
the pressure at the pump inlet measured 
Pump Head 
Min-Max 
700-1700 [kPa] Component specification 
Pump VFR 
Min-Max 
2∙10-5-9∙10-5 [m3/s] Component specification 
Table 4.2-3: Detailed model simulation inputs, T boiler out = 150 °C. 
Then, the other input parameters set up are reported and explained in Table 4.2-3; it is important 
to underline that not all the input parameters shown in Figure 3.2-3 were necessary because of the 
answers provided in the pop-up menus. 
The boiler effectiveness selection was the biggest hurdle to be overcome before launching the 
simulation. Before explaining how the heat exchanger effectiveness was chosen, a short preamble 
is necessary. As a matter of fact, in the test rig, the heat transfer rate taking place in the boiler is 
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the key parameter since no exhaust gas exists. On the contrary, in the detailed model the key 
parameters of the boiler are the inlet temperature and the mass flow rate of the exhaust gas as well 
as the boiler effectiveness. So, it should be found a way to select fictitious values for the boiler 
effectiveness, exhaust gas inlet temperature and mass flow rate that give exactly the heat transfer 
rate measured in the boiler. Moreover, since in the test rig there is no exhaust gas, the selection of 
its mas flow rate and inlet temperature is uniquely addressed to obtain the value of the heat 
transfer rate measured. Given that, the author has chosen to keep the exhaust gas mass flow rate 
and inlet temperature equal to those correspondent to the target vehicle operating conditions 
already utilized in the preliminary analysis (see Table 4.1-1). Once the mass flow rate and the 
expander inlet temperature were determined, the only parameter that miss to compute the 
definition of heat exchanger effectiveness is the exhaust gas outlet temperature. Basically, for the 
mass flow rate and inlet temperature of the exhaust gas arbitrarily assumed, we should find the 
exhaust gas outlet temperature that we would have if the heat transfer rate taking place in the 
boiler were exactly equal to the one measured in the experimental test. Hence, the fictitious 
exhaust gas outlet temperature was calculated with the equation below: 
                  
 ̇      
      ̇   
  (4.1) 
Where Cpexh is the average specific heat of the exhaust gas assumed equal to that reported in 
Table 4.1-1. The resulting boiler effectiveness is thus: 
         
                
                 
  (4.2) 
Where Tboil,in is the temperature at the boiler inlet of the working fluid, that is taken from the 
measured values of Table 4.2-1. 
  T [°C] P [kPa] 
Pump inlet 23.4 168 
Pump out 25.0 1349 
Boiler inlet 25.0 1349 
Boiler outlet 149.4 1331 
Expander inlet 149.4 1331 
Expander outlet 105.7 186 
Condenser inlet 105.7 186 
Condenser outlet 23.4 168 
Table 4.2-4: Simulated temperatures and pressures at the inlet and outlet of each component, T boiler out = 150 
°C, null pipe pressure drop. 
Now that all the input parameters necessary to run the detailed model have been set up, the 
simulation is launched and the results obtained have to be compared to those coming from the 
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experimental tests. Since it is a steady state simulation (the input conditions of the exhaust gas are 
constant) the output values after a certain amount of iterations (usually no more than three) are 
constant. This is the reason why the tables referring to the simulation results contain only an 
unique value correspondent to the output value of the variable in question after 10 seconds of 
simulation of the 50 total. 
MFR WF [kg/s] 0.049 
Net power [kW] 1.51 
Pump efficiency  0.36 
Expander efficiency 0.75 
Cycle efficiency 10.32% 
Boiler power [kW] 14.64 
Expander power [kW] 1.63 
Pump power [kW] 0.1182 
Condenser power [kW] 13.13 
Coolant inlet temp [°C] 21.3 
Coolant outlet temp [°C] 22.3 
Table 4.2-5: Simulated cycle outputs, T boiler out = 150 °C, null pipe pressure drop. 
Table 4.2-4 and Table 4.2-5 show the results coming from the simulation. However, in order to 
assess how close these results are to those measured with the test rig other tables have been 
generated containing the error, expressed in percentage, introduced with the simulation: 
        
                    
         
      (4.3) 
Where X is a general variable among those considered. Table 4.2-6 and Table 4.2-7 illustrate the 
results obtained. Focusing on Table 4.2-6 it is clear how the simulation gives accurate 
approximations, especially for what concerns the temperatures around the cycle. On the contrary 
the simulated pressures slightly deviate from the measured ones in particular those at condenser 
inlet, at condenser outlet and at pump inlet with error that can go to as high as 15%. 
  T  P  
Pump inlet +4.0% +15.5% 
Pump out +3.8% +1.7% 
Boiler inlet +6.3% +2.0% 
Boiler outlet -1.4% +2.1% 
Expander inlet 0.0% +3.3% 
Expander outlet -1.5% -6.8% 
Condenser inlet +0.6% +10.4% 
Condenser outlet -1.2% +11.7% 
Table 4.2-6: Error percentage between the simulated and measured variables, T boiler out = 150 °C, null pipe 
pressure drop. 
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Moving to Table 4.2-7 it can be seen that the mass flow rate of the working fluid, the coolant 
outlet temperature and the heat transfer rate taking place in the heat exchangers have a percentage 
error of less than 2%. Expander and pump efficiencies as well as coolant inlet temperature are 
input parameters so they are not relevant for this analysis. Finally, the simulated pump power is 
close to the measured one however the expander power and as a consequence the net power 
output bring an error of more than 5%. More precisely, the simulated expander power and the net 
power are higher with respect to the correspondent measured values. Since the interest usually 
lays on the net power output the results obtained with the detailed model appears to be quite 
reliable. 
MFR WF  +1.3% 
Net power  +5.7% 
Pump efficiency  0.0% 
Expander efficiency 0.0% 
Cycle efficiency +6.0% 
Boiler power  -0.3% 
Expander power  +5.4% 
Pump power  +1.4% 
Condenser power  +1.6% 
Coolant inlet temp  0.0% 
Coolant outlet temp 0.0% 
Table 4.2-7: Error percentage between the simulated and measured variables, T boiler out = 150 °C, null pipe 
pressure drop. 
However, the causes of these differences have to be investigated. In particular looking at the 
tables of the experimental tests two assumptions made in this first simulation do not hold: 
 null temperature drop in pipes 
 null pressure drop in pipes. 
For what concern the first assumption listed the detailed model is not designed to consider these 
losses, mainly because they are particularly hard to predict unless an estimation of the 
temperature drop per unit length of the pipe is made. On the other hand the pressure drop in the 
pipes can be considered in the detailed model simply by selecting the “Yes” option in the proper 
pop-up menu and knowing the length, diameter and number of concentrated losses of each pipe. 
So, the length of the pipes of the test rig have been measured and the number of concentrated 
losses have been counted, look Table 4.2-8. Using these values as inputs of the detailed model 
and considering the pressure drop in the pipes different from zero the results obtained with the 
detailed model are expected to be closer to those measured. 
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Bends 
Measurement 
stations 
Total 
concentrated 
losses 
Length 
[m] 
Diameter 
external 
[m] 
Diameter 
internal 
[m] 
Pipe1 9 3 12 2.5 0.017 0.0125 
Pipe3 8 2 10 3 0.027 0.0209 
Pipe4 4 2 6 1.4 0.027 0.0209 
Pipe6 5 2 7 1.5 0.017 0.0125 
Table 4.2-8: Pipes characteristics of the test rig available at the CRF. 
  T [°C] P [kPa] 
Pump inlet 23.4 164 
Pump out 25.0 1345 
Boiler inlet 25.0 1344 
Boiler outlet 149.4 1326 
Expander inlet 149.4 1313 
Expander outlet 108.1 207 
Condenser inlet 108.1 186 
Condenser outlet 23.4 168 
Table 4.2-9: Simulated temperatures and pressures at the inlet and outlet of each component, T boiler out = 150 
°C, non-null pipe pressure drop. 
MFR WF [kg/s] 0.049 
Net power [kW] 1.41 
Pump efficiency  0.36 
Expander efficiency 0.75 
Cycle efficiency 9.62% 
Boiler power [kW] 14.64 
Expander power [kW] 1.53 
Pump power [kW] 0.118 
Condenser power [kW] 13.24 
Coolant inlet temp [°C] 21.3 
Coolant outlet temp [°C] 22.3 
Table 4.2-10: Simulated cycle outputs, T boiler out = 150 °C, non-null pipe pressure drop. 
Table 4.2-9 and Table 4.2-10 show the results obtained, whereas Table 4.2-11 and Table 4.2-12 
illustrate the correspondent percentage errors. 
Comparing the two tables above with Table 4.2-6 and Table 4.2-7 it can be seen how the 
percentage errors are reduced. Given the uncertainty that characterizes the experimental tests and 
that a mathematical model of a system, even if it is accurate, introduces several approximations, a 
percentage error equal or less than 5% is assumed to be acceptable. With that in mind the results 
of the simulation with non-null pressure losses in pipes appear to be even more reliable than the 
simulation in which the pressure drop in pipes were neglected; net power output, cycle efficiency 
135 
 
and expander power had an error percentage greater than the defined threshold of 5% now with 
non-null pressure drop in pipes all these values have an error significantly higher than the 
threshold. 
 
T  P  
Pump inlet +4.0% +12.9% 
Pump out +3.8% +1.4% 
Boiler inlet +6.3% +1.7% 
Boiler outlet -1.4% +1.7% 
Expander inlet 0.0% +1.9% 
Expander outlet +0.7% +3.6% 
Condenser inlet +2.9% +10.4% 
Condenser outlet -1.2% +11.7% 
Table 4.2-11: Error percentage between the simulated and measured variables, T boiler out = 150 °C, non-null 
pipe pressure drop. 
MFR WF  +1.3% 
Net power  -1.5% 
Pump efficiency  0.0% 
Expander efficiency 0.0% 
Cycle efficiency -1.2% 
Boiler power  -0.3% 
Expander power  -1.2% 
Pump power  +1.4% 
Condenser power  +2.5% 
Coolant inlet temp  0.0% 
Coolant outlet temp  +0.1% 
Table 4.2-12: Error percentage between the simulated and measured variables, T boiler out = 150 °C, non-null 
pipe pressure drop. 
However, it must be pointed out that now all these parameters are lower than the measured ones 
whereas with null pressure drop in pipes all these parameters were higher. In other words, the 
expander power output, the cycle efficiency and the net power output are overestimated if the 
pressure drop in the pipes is considered null and they are underestimated if the pressure drop in 
pipes is considered non-null. Nonetheless, in the latter case the simulated values are closer to the 
measured one, since their error percentage are all lower than 2%. 
Analyzing in deeper details Table 4.2-9 and Table 4.2-11 we found out that there are the same 
weaknesses encountered assuming null pressure drop in pipes; the pressure at condenser inlet, at 
condenser outlet and pump inlet are all overestimated by 10% or more. These errors are big and 
they have to be monitored carefully in the next comparisons between measured values and 
simulated values to see if the program always overestimates the above mentioned pressures. 
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Finally a comparison between the pressure drop in pipes measured and simulated is presented in 
Table 4.2-13. 
 
Pdrop [kPa] 
  
Pdrop [kPa] 
Pipe 1 4.20 
 
Pipe 1 1.30 
Pipe 3 15.18 
 
Pipe 3 13.10 
Pipe 4 31.02 
 
Pipe 4 20.70 
Pipe 6 4.94 
 
Pipe 6 3.76 
Table 4.2-13: Pressure drop in pipes; measured (left side) and simulated (right side). 
The pipe pressure drop simulated is always lower than that measured, making the simulated 
values not very reliable. Despite of that the general trend of the pipe losses is respected; they are 
higher in pipes 3 and 4 (working fluid at vapor phase) and lower in pipe 1 and 6 (working fluid at 
liquid phase). 
Even though the pipe pressure losses are not very well approximated, according to the author, it 
makes sense to considering them non-null because it is a more conservative assumption and 
especially because doing that the net power output simulated is closer to the measured one. 
Anyway, if there are no information about the geometry of the system assuming a null pressure 
drop in pipes reliable indications about the net power output value can be obtained, the user has 
only to keep in mind that these values are slightly overestimated. 
Given that the geometry of the test rig is known, in the following paragraph, where the 
comparison between the experimental tests and the simulations continues, the pressure drop in 
pipes will be considered non-null. 
4.2.1.2 Expander inlet temperature 120 °C, 130 °C and 140 °C comparison 
In this paragraph the comparison between the experimental tests and the simulation results is 
performed for others expander inlet temperatures, to see if the considerations done in the previous 
paragraph are confirmed. 
For the sake of brevity tables similar to Table 4.2-3, reporting the inputs imposed in the program 
to run the simulation for other expander inlet temperatures are not reported. Anyway, the 
procedure followed to obtain the values that have been put as input of the program is exactly the 
same described in the previous paragraph. 
Table 4.2-14 through Table 4.2-19 show the comparison between the experimental data and the 
data coming from the simulation for the other expander inlet temperatures that have been tested. 
On the rightmost columns of each table the percentage error is also reported. Looking at the 
tables two major observations can be done: 
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 The expander power, the cycle efficiency, the net power output and the other cycle 
outputs predictions are accurate and the percentage error stays always well below the 5% 
threshold adopted. 
 The lower the expander inlet temperature the higher is the percentage error, in other 
words the higher is the inaccuracy of the model. 
 
Measured data 
 
Simulation data 
 
Error 
  T [°C] P [kPa] 
 
T [°C] P [kPa] 
 
T P  
Pump inlet 22.3 144 
 
23.8 167 
 
+6.8% +15.9% 
Pump out 23.9 1336 
 
25.4 1359 
 
0.0% +1.7% 
Boiler inlet 23.3 1332 
 
25.4 1358 
 
+9.3% +1.9% 
Boiler outlet 141.4 1296 
 
139.0 1322 
 
-1.7% +2.0% 
Expander inlet 139.0 1282 
 
139.0 1309 
 
0.0% +2.1% 
Expander outlet 96.3 196 
 
97.2 206 
 
+1.0% +4.9% 
Condenser inlet 94.3 166 
 
97.5 186 
 
+3.4% +12.4% 
Condenser outlet 23.5 149 
 
23.8 170 
 
+1.3% +14.6% 
Table 4.2-14: Temperatures and pressures at the inlet and outlet of each component; measured data on the left, 
simulation data in the middle and percentage error on the right, T boiler out = 140 °C. 
 
Measured data 
 
Simulation data 
 
Error 
MFR WF [kg/s] 0.047 
 
0.048 
 
+1.7% 
Net power [kW] 1.36 
 
1.33 
 
-1.7% 
Pump efficiency  0.36 
 
0.36 
 
0.0% 
Expander efficiency 0.75 
 
0.75 
 
0.0% 
Cycle efficiency 9.73% 
 
9.60% 
 
-1.3% 
Boiler power [kW] 13.94 
 
13.89 
 
-0.4% 
Expander power [kW] 1.47 
 
1.45 
 
-1.4% 
Pump power [kW] 0.117 
 
0.119 
 
+2.0% 
Condenser power [kW] 12.26 
 
12.57 
 
+2.6% 
Coolant inlet temp [°C] 21.3 
 
21.3 
 
0.0% 
Coolant outlet temp [°C] 22.2 
 
22.3 
 
+0.2% 
Table 4.2-15: Cycle outputs; measured data on the left, simulation data in the middle and percentage error on 
the right T boiler out = 140 °C. 
 Pressures at pump inlet, at condenser inlet and at condenser outlet are not well 
approximated and they are higher of more than the 10% of the measured values, as 
already noticed in the previous paragraph. 
 Temperatures at pump and boiler inlets are approximated with a percentage error that 
goes from 5% to 10%. 
According to the author, the last two points of the list above, could be the causes that lead the 
program to underestimate the net power with respect to the measured one, despite the pressure 
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drop in the pipes is lower with respect to the measured one. More in general the program seems to 
overestimate the low pressures of the cycle (those that the working fluid has from the expander 
outlet to the pump inlet). Furthermore the program underestimates the pressure losses in the 
pipes. There might be a cancellation between these two errors that leads to a good approximation 
of what have been called cycle outputs. As a matter of fact a higher low pressure of the cycle 
leads to lower net power outputs, whereas a lower pressure loss in the pipes leads to a higher net 
power output. 
 
Measured data 
 
Simulation data 
 
Error 
  T [°C] P [kPa] 
 
T [°C] P [kPa] 
 
T P  
Pump inlet 22.4 144 
 
24.1 168 
 
+7.5% +16.7% 
Pump out 24.1 1328 
 
25.7 1352 
 
0.0% +1.8% 
Boiler inlet 23.4 1324 
 
25.7 1351 
 
+9.8% +2.0% 
Boiler outlet 131.3 1292 
 
128.8 1319 
 
-1.9% +2.1% 
Expander inlet 128.8 1280 
 
128.8 1307 
 
0.0% +2.1% 
Expander outlet 86.1 196 
 
87.1 206 
 
+1.2% +5.2% 
Condenser inlet 84.5 166 
 
87.1 188 
 
+3.2% +13.2% 
Condenser outlet 23.6 149 
 
24.1 172 
 
+2.0% +15.4% 
Table 4.2-16: Temperatures and pressures at the inlet and outlet of each component; measured data on the left, 
simulation data in the middle and percentage error on the right, T boiler out = 130 °C. 
 
Measured data 
 
Simulation data 
 
Error 
MFR WF [kg/s] 0.047 
 
0.048 
 
+1.9% 
Net power [kW] 1.25 
 
1.23 
 
-2.0% 
Pump efficiency  0.36 
 
0.36 
 
0.0% 
Expander efficiency 0.73 
 
0.73 
 
0.0% 
Cycle efficiency 9.38% 
 
9.23% 
 
-1.6% 
Boiler power [kW] 13.34 
 
13.28 
 
-0.4% 
Expander power [kW] 1.37 
 
1.35 
 
-1.6% 
Pump power [kW] 0.117 
 
0.119 
 
+2.3% 
Condenser power [kW] 11.76 
 
12.07 
 
+2.6% 
Coolant inlet temp [°C] 21.5 
 
21.5 
 
0.0% 
Coolant outlet temp [°C] 22.4 
 
22.4 
 
+0.1% 
Table 4.2-17: Cycle outputs; measured data on the left, simulation data in the middle and percentage error on 
the right T boiler out = 130 °C. 
To conclude the digression on the pressure drop in the pipes, a value of the bend pressure loss 
coefficient slightly lower than the one reported in the previous paragraphs has been selected, 
because the algorithm adopted to compute the pressure drop in the pipes seems to penalize too 
much the pipes with a small diameter and a high number of concentrated losses. Since this is the 
case of the test rig, the best solution was to select a bend pressure loss coefficient equal to 0.1 for 
the vapor side pipes and 0.2 for the liquid side pipes. 
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Despite the weaknesses highlighted above the detailed model should be considered a good 
simulation tool mainly because all the principal cycle outputs are approximated with high 
accuracy. 
 
Measured data 
 
Simulation data 
 
Error 
  T [°C] P [kPa] 
 
T [°C] P [kPa] 
 
T P 
Pump inlet 23.3 147 
 
25.1 175 
 
+7.8% +19.2% 
Pump out 24.4 1315 
 
26.2 1343 
 
0.0% +2.1% 
Boiler inlet 23.7 1311 
 
26.2 1342 
 
+10.7% +2.4% 
Boiler outlet 121.6 1282 
 
118.5 1313 
 
-2.5% +2.4% 
Expander inlet 118.5 1266 
 
118.5 1302 
 
0.0% +2.8% 
Expander outlet 76.3 196 
 
77.3 210 
 
+1.4% +7.3% 
Condenser inlet 74.7 165 
 
77.3 192 
 
+3.5% +16.2% 
Condenser outlet 24.0 152 
 
25.1 179 
 
+4.7% +17.8% 
Table 4.2-18: Temperatures and pressures at the inlet and outlet of each component; measured data on the left, 
simulation data in the middle and percentage error on the right, T boiler out = 120 °C. 
 
Measured data 
 
Simulation data 
 
Error 
MFR WF [kg/s] 0.047 
 
0.049 
 
+2.5% 
Net power [kW] 1.16 
 
1.14 
 
-2.3% 
Pump efficiency  0.48 
 
0.48 
 
0.0% 
Expander efficiency 0.69 
 
0.69 
 
0.0% 
Cycle efficiency 9.08% 
 
8.91% 
 
-1.9% 
Boiler power [kW] 12.82 
 
12.76 
 
-0.5% 
Expander power [kW] 1.25 
 
1.22 
 
-2.0% 
Pump power [kW] 0.085 
 
0.088 
 
+2.9% 
Condenser power [kW] 11.33 
 
11.64 
 
+2.7% 
Coolant inlet temp [°C] 22.1 
 
22.1 
 
0.0% 
Coolant outlet temp [°C] 23.1 
 
23.1 
 
+0.2% 
Table 4.2-19: Cycle outputs; measured data on the left, simulation data in the middle and percentage error on 
the right T boiler out = 120 °C. 
4.2.2 Steady state analysis at target operating conditions 
Once the model has been calibrated and the reliability of its results has been verified, simulation 
of the behavior of the WHR system in operating conditions, that could not be reached with the 
test rig already available at the CRF, were carried out. The most interesting simulation was 
definitely the one carried out at the vehicle operating conditions (design point) already defined in 
Table 4.1-1, that will be referred to as target operating conditions. As previously underlined, to 
make an accurate assessment of the potential power output achievable detailed information about 
the components that will be employed are necessary. 
To this purpose the first step was to gather the data coming from the suppliers of the components 
and then translate them into usable input for the detailed model. 
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For what concerns the heat exchangers the supplier of these components has furnished several 
data from whom it has been possible to draw the pressure drop curve as a function of the mass 
flow rate flowing and the heat exchanger effectiveness curve as a function of the heat capacity 
rate ratio and number of transfer unit for each heat exchanger (boiler, condenser and recuperator). 
Figure 4.2-2 shows the pressure drop curve of each heat exchanger. The trends shown are curve 
fits into experimental data points provided by the supplier of the heat exchangers. Whereas, 
Figure 4.2-3 through Figure 4.2-5 show the effectiveness maps built with the curve fitting tool of 
Matlab as explained in paragraph 3.2.2.1. 
 
Figure 4.2-2: Pressure drop inside the heat exchanger. Referring to the recuperator HPS and LPS mean 
respectively High Pressure Side and Low Pressure Side. 
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Figure 4.2-3: Boiler effectiveness map built from the experimental data furnished by the supplier. 
 
Figure 4.2-4: Condenser effectiveness map built from the experimental data furnished by the supplier. 
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Figure 4.2-5: Recuperator effectiveness map built from the experimental data furnished by the supplier. 
 
Figure 4.2-6: Expander efficiency map. 
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Figure 4.2-7: Pump efficiency map. 
On the other hand specific data on the pump and expander that will be used in the real WHR unit 
were still unavailable, nonetheless performance curves of machines similar to that ones have been 
used in the detailed model. Figure 4.2-6 and Figure 4.2-7 show the efficiency maps respectively 
of the expander and of the pump. Speed maps for both machines have also been built, but here, 
for the sake of brevity, they are not reported. It should be also remarked that for what concerns 
the expander if it is mechanically connected to the engine shaft the volume flow rate map, as the 
one shown in Figure 4.2-8, rather than the speed map of the machine is used. 
Anyway, looking at the efficiency map of the expander it is evident how the most optimum 
performances are obtained for high pressure ratios and that isentropic efficiencies higher than the 
60% assumed in the preliminary analysis can be achieved. The same consideration holds for the 
pump efficiency, an isentropic efficiency significantly higher than 60% can be achieved. So it 
appears more precise to consider the isentropic efficiencies of the machines function of the 
conditions at which they operate. However, it still remains to be confirmed that the performance 
curves utilized in the detailed model, and reported in the figures above, correspond to those of the 
real components. 
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Figure 4.2-8: Expander volume flow rate (VFR) map. 
Beside the performance maps of the components extensively explained, the other input 
parameters used for the simulation follow the strategy that has been indicated by the preliminary 
analysis as the one that can return the highest net power output: 
 recuperative ORC 
 highest possible temperature at the expander inlet (210 °C) 
 highest possible pressure at the expander inlet (2100 kPa) 
 R245fa as working fluid. 
The initial input window depicted in Figure 3.2-3 exactly contains the input parameters, set by the 
author, to carry out the simulation that replicates in the best possible way the behavior of the 
WHR system at the operating conditions of interest. As already anticipated, pump and expander 
efficiency, heat exchangers effectiveness, pressure drop in pipes and pressure drop in the heat 
exchangers are all assumed variable and not equal to the initial value and the maps and curves 
available have been integrated in the model. So the answer to the pop-up menus (explained in 
paragraph 3.2.1) from the third to the sixth was “No”. Among the other inputs, the initial values 
of efficiency, effectiveness and pressure drop of the components do not affect too much the 
results since these values are estimated through correspondent performance maps. 
145 
 
More influencing are the assumptions made about the geometry. As a matter of fact, at this stage 
of the design process (we should recall that the automaker is still far from applying this kind of 
device in production vehicles) there are no information about the pipes geometry so it is difficult 
to assess the length of the pipes and the number of concentrated losses. To compute the number 
of concentrated losses, the author has arbitrarily assumed a geometry that that has the minimum 
possible number of tight bends and meets a series of requirements, typical of an ORC: 
 Pump intake from the lowest point of the tank (interposed between the condenser and the 
pump) in order to be sure that only liquid comes into it. 
 Condenser and expander inlet/outlet direction is downward to be sure that the liquid 
drops go down. 
Once this rough sketch of the geometry was done, to number of tight bends computed in each 
pipe has been added another concentrated loss that corresponds to the measurement stations 
installed in the device. A greater length has been assigned to the pipes with more bends. Finally 
the diameter of the pipes on the vapor side (pipe 3, 4 and 5) has been set equal to one inch 
whereas that of the remaining pipes is equal to half an inch. Table 4.2-20: Input data about the 
geometry of the system. sums up the inputs about the geometry of the system. 
Pipe N° 1 2 3 4 5 6 
Bends N° 2 1 2 4 2 3 
Pipe Length [m] 0.8 0.4 0.8 1 0.8 1 
Pipe Diameter [m] 0.0127 0.0127 0.0254 0.0254 0.0254 0.0127 
Table 4.2-20: Input data about the geometry of the system. 
Once all the input parameters have been described and inserted in the model the simulation can be 
run (50 seconds was the duration selected), and the results obtained are reported in the following 
pages. 
Figure 4.2-9 shows the pump most important operating parameters as a function of time: 
 Pump isentropic efficiency, at the initial time instant, is equal to the initial value selected 
in the input window (0.6) then progressively it becomes equal to the value that the 
program reads from the map (0.8). 
 Pressure rise given to the fluid (around 1900 kPa at steady state conditions), it is selected 
in order that considering all the pressure losses in the pipes and in the boiler, the pressure 
at the expander inlet is the maximum that the expander can withstand. 
 Power absorbed by the pump (around 0.15 kW), even including the efficiency of the 
motor that has to transmit the power to the pump. 
 Pump speed (around 1900 RPM at steady state), read from the tables. 
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Figure 4.2-9: Pump operating parameters. 
From this first picture presented it is clear that, even if the simulation is at steady state conditions 
(the exhaust gas inlet parameters do not change during time), it takes a certain amount of time, 
inversely proportional to the simulation frequency, for the output parameters to achieve a constant 
value. The reasons to explain this phenomenon are mainly two: 
 The detailed model works with an iterative process, at the end of each simulation instant 
some inputs values for the following one are recalculated. 
 The initial values selected are seldom equal to the real ones. 
The simulation frequency selected was of 1 Hz, so basically one per second. If a higher frequency 
were selected the output would have achieved faster the steady state value and similar graphs 
could be obtained with shorter simulation periods. With that in mind the remaining outputs are 
shown. Figure 4.2-10 illustrates the boiler operating parameters:  
 Inlet temperature (110 °C) 
 outlet temperature, (210 °C) equal to the maximum possible temperature at the expander 
inlet set as an input 
 boiling temperature (around 125 °C) 
 heat transfer rate in the boiler. 
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Figure 4.2-10: Boiler operating parameters. 
The latter is the most important because it indicates the amount of heat that is extracted from the 
exhaust gas. It is slightly higher than 16 kW, so the exhaust gas of the engine analyzed can be 
categorized as a low grade heat source, according to the definition furnished in section 2.2. 
On the other hand the expander operating parameters are illustrated in Figure 4.2-11: 
 Expander efficiency is around 0.75. It is greater than the initial value and greater than the 
one assumed in the preliminary analysis. 
 Pressure ratio across the expander (around 8). 
 Net power output. It is slightly greater than 2.5 kW, it is a very promising result even 
though the real component very likely will generate less power. 
 Expander speed. The reason why the expander operates at such high efficiencies is that 
the speed ratio between the engine shaft and the expander has been chosen in order that 
the expander operates at a speed that gives a high value of isentropic efficiency (5.45). In 
particular giving an engine speed of 2465 RPM the expander speed is 13434 RPM. 
Provided that the expander can safely work at the speed indicated in the point above, the 
combination of speed and pressure ratio is the one that gives the best isentropic efficiency 
for the machine selected. 
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Figure 4.2-11: Expander operating parameters. 
 
Figure 4.2-12: Recuperator operating parameters. 
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Figure 4.2-13: Condenser operating parameters. 
Figure 4.2-12 shows the recuperator operating parameters. In the picture LPS and HPS refer 
respectively to the High Pressure Side (downstream the pump) and Low Pressure Side 
(downstream the expander) of the recuperator. The inlet and outlet temperatures for each side are 
reported. Obviously since no temperature losses in the pipes are taken into account the HPS outlet 
temperature is equal to the boiler inlet temperature whereas the LPS outlet temperature is equal to 
the condenser inlet temperature. Anyway the most important output parameter of the recuperator 
is the heat transfer rate that is equal to 7 kW. 
Figure 4.2-13 shows the condenser operating parameters: 
 inlet temperature (around 62 °C) 
 condensing temperature (around 40 °C) 
 outlet temperature (around 35 °C), equal to the condensing temperature minus the target 
sub-cooling of 5 °C 
 heat transfer rate that is slightly less than 14 kW. 
On the cold side of the condenser the coolant fluid that flows is the one used in the engine cooling 
system, that is a 50-50 Ethylene-Glycol mixture (in other vehicle a 50-50 Water- Ethylene 
mixture might be used). The inlet temperature assumed for this fluid is 30 °C, and it is plotted 
along with the mass flow rate required and the outlet temperature in Figure 4.2-14. 
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Figure 4.2-14: Coolant fluid parameters. 
 
Figure 4.2-15: Exhaust gas operating parameters. 
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Probably the most important parameter here is the mass flow rate of the coolant fluid necessary. 
In fact the temperature rise of the coolant fluid is not so high just 5-6 °C whereas the mass flow 
rate required is definitely higher. It should be noted that the adoption of the coolant fluid of the 
engine system in the condenser has non-negligible effects on the coolant system of the vehicle 
such as: increased pumping power necessary, increased area of the radiator in front of the vehicle 
and others. These effects are not analyzed in the present work, but they are very important to 
understand the interactions that the WHR unit has with the vehicle, hence the coolant fluid outlet 
temperature and mass flow rate should be monitored carefully. 
Another point in the cycle in which the WHR unit interacts with the vehicle is the boiler, Figure 
4.2-15 shows the parameters of the exhaust gas flowing in it. The mass flow rate and the inlet 
temperature (respectively blue and red lines) are parameters set by the user and in this case of 
stationary point analysis they are constant. They are entirely function of the engine type, engine 
load and engine speed. Actually, there might be the possibility that a portion of the exhaust gas 
mass flow rate bypasses the boiler in order not to heat up too much the working fluid in the cold 
side of the boiler or not to cool down too much the hot exhaust gases, as already explained in 
paragraph 3.2.2.4. However, at this operating conditions it does, not happen thus the mass flow 
rate of the exhaust gas flowing out of the cylinders entirely goes into the boiler. The resulting 
outlet temperature trend is reported in the green line still of Figure 4.2-15. It is 20 °C above the 
threshold set at the beginning of the simulation of 100 °C. The exhaust gas have dropped their 
temperature of 470 °C, that means that, as we will see later, almost all the heat available is 
extracted and absorbed by the working fluid. 
Looking in more details what happens in the heat exchangers Figure 4.2-16 and Figure 4.2-17 
show respectively the heat exchanger effectiveness and pressure drop of the heat exchanger so 
basically in which zone of the maps, shown in Figure 4.2-2 through Figure 4.2-5, the heat 
exchangers operate. IN particular we can note that the recuperator has an effectiveness almost 
equal to the initial value assigned 0.8 whereas the condenser actually have a lower effectiveness 
about 0.17. The most surprising performances are obtained by the boiler whose effectiveness is 
around 0.96-0.97. If the performance map used for the simulation corresponds to the real 
performances of the boiler the heat transfer rate taking place in the boiler would be very high and 
the potential power output of the cycle could be very interesting at least at the operating 
conditions analyzed in this paragraph. 
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Figure 4.2-16: Heat exchanger effectiveness. 
 
Figure 4.2-17: Heat exchanger pressure drop. 
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On the other hand, as predictable looking at Figure 4.2-2, the pressure drop in the heat exchangers 
appears to be greater in the heat exchangers in which the working fluid has high pressure, such 
has in the boiler, 27 kPa, and in the recuperator high pressure side (HPS),19 kPa, whereas in the 
condenser 1.5 kPa and in the recuperator LPS just 0.7 kPa. So the heat exchangers whose 
pressure drop reduces the most the net power output of the cycle are boiler and the recuperator 
HPS. 
Anyway, as long as the pressure drop in the heat exchanger stays around the value indicated 
above the net power output is weakly affected by the actual value of the pressure drop. With 
reference to the nominal values shown in Figure 4.2-17, Table 4.2-21 has been calculated to 
assess how much a variation of the pressure drop from its nominal values affects the net power 
output of the WHR unit. It has been found out that even quadrupling the values of the pressure 
drop inside each heat exchanger the net power output is reduced by just 1.02%, that considering 
the uncertainty that characterize the model, is an extremely small value. Furthermore, even in the 
case there was no pressure drop in the heat exchangers the increase of the net power output, with 
respect to its nominal value, is so small (0.33%) to be considered acceptable and a very good 
approximation of the nominal value. The rule of thumb suggested here is to roughly estimate the 
pressure drop inside the heat exchangers and verify that their values are not higher than 100 kPa. 
If this is the case they can be neglected in the simulation without making mistakes, instead if they 
are above the threshold it might be better to include them in the computation. 
Heat Exchanger Pressure 
Drop 
Net Power Output 
Percentage Variation 
200% increased -1.02% 
100% increased -0.33% 
Nominal 0.00% 
50% reduced +0.12% 
Null +0.33% 
Table 4.2-21: Heat exchanger pressure drop effect on the net power output. 
To complete the analysis of the pressure losses around the cycle, Figure 4.2-18 shows the 
pressure drop in each pipe. Those values are low and these losses do not cause a great power 
output reduction. Only pipe 4 has a pressure loss that goes greater than 10 kPa because in that 
pipe the Re number is particularly high and especially because it is the longest and has the highest 
number of concentrated losses. If we compare the values of Figure 4.2-18 with those reported in 
paragraph 4.2.1, it is clear how the pressure drop in the pipes for this application is lower, even 
though the bend pressure loss coefficient selected is greater. 
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Figure 4.2-18: Pipe pressure drop. 
 
Figure 4.2-19: General output parameters of the WHR unit. 
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It should be said that the pipes are shorter and there are less concentrated losses however the main 
causes of this difference might be another: the pipes diameter. To verify this hypothesis another 
simulation has been performed substituting the pipes diameter reported in Table 4.2-20 with those 
used in the previous paragraph. Basically pipe 1, 2 and 6 diameter has been changed from 0.0127 
m to 0.0125 m (1.5% reduction), while pipe 3, 4 and 5 have been changed from 0.0254 m to 
0.0209 m (17.7% reduction). The results obtained are illustrated in Table 4.2-22. In each pipe the 
pressure drop is increased. Except for pipe 2 whose growth of pressure drop is just of 1.3%, the 
pressure drop in the pipes in the liquid side is increased by a percentage that is around 10 starting 
from a diameter reduction of just 1.57%. Instead for the pipes on the vapor side the pipe pressure 
drop is heavily increased, more than doubled. Such a big increase of pressure drop derived from a 
small change in pipe diameter has also non-negligible effects on the net power output, that is the 
parameter of greatest interest, making it drop by 4%. So the designer of the system has to be very 
careful in choosing a suitable pipe diameter in order to find the right trade-off between size and 
pressure drop. 
 
Pipe Diameter 
Variation  
Pressure Drop 
Variation 
pipe 1 1.57% 10.0% 
pipe 2 1.57% 1.3% 
pipe 3 17.7% 130.0% 
pipe 4 17.7% 116.7% 
pipe 5 17.7% 127.8% 
pipe 6 1.57% 8.6% 
Table 4.2-22: Pipe diameter effect on pipe pressure drop. 
To conclude the analysis of the results obtained with the simulation at target (stationary) vehicle 
operating conditions, Figure 4.2-19 shows what have been called the general output parameters, 
practically the parameters that give an indication of the overall behavior of the WHR unit. The 
first one presented in the recovery efficiency that is around 98%, it is computed as the heat 
transfer rate in the boiler divided by the maximum possible heat transfer rate, the one that can 
occur when the exhaust gas is cooled down to its minimum temperature defined equal to 100 °C. 
As already anticipated, since the outlet temperature of the exhaust gas is around 120 °C very 
close to its minimum value, it means that almost all the heat that could be extracted has been 
actually taken from the exhaust gas. The red line instead represents the cycle efficiency. Its value 
is around 15%, slightly higher than the 13% found out, for R245fa in a recuperative ORC, with 
the preliminary model (see Figure 4.1-3 for reference), because the expander and pump 
efficiencies as well as the boiler effectiveness utilized in the detailed model are higher. 
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The efficiency of a Carnot cycle operating between the same maximum and minimum 
temperatures according to Equation 2.1 would be 83%, 5.5 times higher than the 15% reported. 
The resulting total efficiency defined as the product of the two other efficiencies already defined, 
is 14.4% that is a very good and promising result, even though the expander and pump 
performance maps do not correspond to those of the real component that have not yet been 
provided by the suppliers. Translating the efficiency result obtained into something more 
concrete, the net power output of the cycle (magenta line of Figure 4.2-19) is 2.455 kW. 
Considering that the engine at the operating conditions considered, 2465 RPM vehicle speed of 
70 MPH and engine torque of 125 Nm delivers 29 kW, the WHR unit could be able to provide an 
additional 8.47% power that can be used to recharge the vehicle battery, to run some accessory or 
simply to make the vehicle go faster. 
4.2.3 Working fluid comparison at steady state 
In the previous paragraph the results obtained with R245fa at target vehicle operating conditions 
have been illustrated and explained in details. In the present paragraph the results that can be 
obtained with other three working fluid at the same vehicle operating conditions are reported. 
Although the components (especially the heat exchangers) have been developed and designed for 
R245fa the same performance maps used before are also utilized for the other working fluids. The 
working fluids compared and their critical temperatures and pressures are reported in the table 
below. 
Working fluid  
Critical 
temperature [°C] 
Critical 
pressure [kPa] 
GWP ODP 
R245fa 154.05 3651 1030 0 
R134a 101.06 4059 1430 0 
Water 373.95 22064 0.2 0 
Ethanol 240.75 6148 - - 
Table 4.2-23: Working fluid tested list. 
Ethanol pollution indicators have not been reported because it is not included in the US EPA 
classification of refrigerants. 
However, the simulations were not run blindly using the same inputs set for R245fa, since, as 
already anticipated, water and ethanol have pressure and temperature at the critical point 
significantly higher than those of the other two fluids. These differences have forced the author to 
define proper values in the input window to make the program run properly. Anyway the results 
obtained are illustrated in Table 4.2-24 and will be analyzed and explained for each working fluid 
except for R245fa that is used as reference. 
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Fluid  
WF 
MFR 
[Kg/s] 
Pump 
power 
[kW] 
Expander 
power 
[kW] 
Boiler 
heat 
[kW] 
Condenser 
heat [kW] 
Cycle 
eff 
[%] 
Total 
eff 
[%] 
Net 
power 
[kW] 
R245fa 0.066 0.15 2.61 16.4 14.0 15.0% 14.4% 2.45 
R134a 0.061 0.09 0.42 10.2 9.9 3.3% 2.0% 0.33 
Water 0.006 0.02 1.42 15.48 14.1 9% 8.2% 1.4 
Ethanol 0.016 0.09 1.41 14.8 13.47 8.9% 7.75% 1.32 
Table 4.2-24: Main outputs of the cycle, working fluids comparison. 
4.2.3.1 R134a 
As already mentioned in the preliminary analysis and highlighted in Table 4.2-23, R134a is a wet 
fluid with low critical temperature. Nonetheless its critical pressure is not that low so the nominal 
pressure rise in the pump has been kept high in order that at the expander inlet the maximum the 
working fluid pressure was the highest possible 2100 kPa. The small saturation curve of the 
R134a has allowed to operate far from the saturation curve in the vapor zone. 
Looking at the mass flow rate column of Table 4.2-24 it is evident how it is very close to that 
obtained for the R245fa. Practically it means that even though the density of the R134fa is 
slightly lower, its volume flow rates are almost equal to those obtained with R245fa and so pump 
and expander of the same dimensions can be used. Investigating better what happens in the boiler 
one can see that the heat exchanged by the R134a is the lowest among the working fluids 
analyzed, so the expected mass flow rate should be the lowest as well. However, since the 
saturation curve of the R134a is so small if compared to that of the other, its ability of absorbing 
heat is strongly limited, so the working fluid mass flow rate necessary to absorb 10.2 kW in the 
boiler is 0.061 kg/s. On the other hand since the mass flow rate in the boiler is the same as the 
R245fa one, but the specific heat of R134a is lower, the heat capacity rate ratio (C
*
) in the boiler 
obtained with the R134a is higher. Looking at Figure 4.2-3 it is clear that the boiler effectiveness 
decreases for increasing values of C
*
 at a given NTU. In turns the low boiler effectiveness, 
around 0.75, makes the heat transfer rate in the boiler very low. Anyway despite these 
consideration the net power output of the cycle rightmost column of Table 4.2-24 is the lowest, so 
low to discourage an application of the working fluid in a WHR unit. The low net power output 
(0.33 kW) is the reflection of a very low cycle efficiency (3.3%) due to the fact that the expander 
inlet pressure is far from the critical one (condition that maximizes the cycle efficiency). 
Moreover, considering that the input heat transfer rate in the boiler that is constitutes the power 
input of the cycle is very low the net power output obtained is more than justified. 
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4.2.3.2 Water 
Water is the most safe and environmental friendly working fluid that can be used. It has a very 
strong ability in absorbing heat, so a small amount of mass flow rate is enough to recover the 
amount of heat available in the exhaust gas. However, its high critical temperature and pressure, 
the big shape of its saturation curve makes this working fluid unfeasible for the application in the 
WHR industry of low grade heat source such as the exhaust gas. Anyway before drawing 
conclusions the modifications necessary to make the simulation run are summarized in the bullet 
list below: 
 The target condensing temperature has been risen to 100 °C in order to have a pump inlet 
temperature equal to the ambient pressure and avoid air infiltration. 
 The nominal pressure rise in the pump (pump head) is equal to 1650 kPa. The problem is 
that if a higher pressure rise were selected at the expander inlet the fluid would have been 
in the double phase zone of the Mollier diagram. This condition has to be avoided and the 
only way to that was to reduce the pressure because the expander inlet temperature 
cannot be risen above the expander limit. 
 The pump and expander so far adopted are machines not dimensioned to operate with 
water, so the pump volume flow rate limit has been lowered below the limit previously 
assumed of (3∙10-5 m3/s). So since pump performance maps are not available for volume 
flow rates below this threshold the expander and pump efficiency had to be assumed 
constant and equal to the input value. 
 The adoption of the recuperator was not possible since at the expander outlet the working 
fluid is already in the two-phase (some liquid droplets are already formed) zone. 
 The heat exchangers so far adopted were not meant to operate at the combination of NTU 
and C
*
 that are achieved with water and so proper effectiveness maps were not available. 
Also heat exchangers effectiveness are assumed constant and equal to the initial value. 
All these modifications were necessary to run the simulation properly without generating errors. 
The risk of liquid droplets left at the expander inlet with the constraint of not surpassing 210 °C 
and 2100 kPa is too high. The control part of the system would be very complex. Given all the 
limitations done to make at least the WHR unit run properly, the net power output obtained is 
even high 1.4 kW. However, it is clear how the considerations done in sections 2.2 and 2.3 hold; 
water cannot effectively operate in a WHR unit with a low grade heat source (heat available 
smaller than 20 kW) for two main reasons: low efficiency and complexity of the control system. 
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4.2.3.3 Ethanol 
Ethanol has thermodynamic properties at the critical point that are intermediate between those of 
water and those of R245fa. In fact, the mass flow rate of the required is between that of the other 
two fluids just mentioned. However, also for ethanol some modifications had to be done because 
the volume flow rate at the pump inlet is below the limit of that of the map available. So the 
expander and pump efficiency have been assumed constant. Furthermore the heat exchanger 
effectiveness have been assumed constant and equal to the initial value for the same reason 
explained in the paragraph dedicated to the water. Moving on the results obtained with ethanol, 
still reported in Table 4.2-24, are substantially equal to those obtained with water. The only 
difference is in the power absorbed by the pump that is slightly higher for ethanol, making the net 
power output slightly lower. 
4.2.3.4 Conclusion on the working fluid comparison 
In this short paragraph it has been demonstrated that R245fa is the most suitable working fluid for 
this application, the power output achieved with this fluid is around 75% greater than that of 
water and ethanol. Nevertheless it must be said that the components of the system were designed 
appositely for R245fa, giving to this working fluid a significant advantage. However, the range of 
operating temperature and pressure make difficult to control the WHR unit if water is used. On 
the other hand, ethanol appears to be a valid alternative if a slightly higher amount of heat were 
available and especially if components were customized to its thermodynamic properties. These 
results are in contrast to those shown by Bosch GmbH in [28], where the reported net power 
output of the WHR system with water and ethanol is three times greater than that for R245fa. 
This difference can be in part explained by the fact that in this work the heat exchangers, whose 
maps were uploaded in the detailed model, were specifically designed for R245fa and not further 
optimized for water and ethanol as working fluids. Moreover, the Bosch GmbH study has 
considered an engine three times bigger than the 3.6L considered in this thesis. A bigger engine 
means a greater amount of heat available in the exhaust gas; the problem of liquid droplets 
formation upstream and downstream the expander is avoided for both water and ethanol. 
Finally it should be pointed out that R245fa has a very large GWP. However, it will be replaced 
by a new working fluid that has the same thermodynamic properties but a GWP of two 
magnitudes lower. 
4.2.4 WHR unit integration with the engine and creation of the net power output map 
The simulations of paragraphs 4.2.2 and 4.2.3 were carried out at what has been denominated 
target vehicle operating conditions: 
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 70 Mph, vehicle speed 
 2465 RPM, engine speed 
 125 Nm, engine torque 
 29 kW of power delivered by the engine. 
The speed transmission ratio between the engine shaft and the expander has been optimized in 
order to make the expander operate at the highest efficiency when the engine rotates at the speed 
aforementioned. However, when the WHR unit has to be integrated with the engine and set up to 
work in a wide range of engine operating conditions there are different constraints that have to be 
considered and that guide the choice of the gear ratio. 
 The expander operates at faster speeds with respect to the engine, so a speed multiplier is 
necessary. 
 The expander has to operate at speeds lower than its maximum one. 
 The expander has to operate at speeds higher than its minimum one. 
Even though the expander, at least the one adopted in the current application, can safely operate 
at a wider range of speeds (from 6000 RPM to 24000 RPM) with respect to that of the engine 
(from 550 RPM to 6500 RPM) the expander cannot be activated at every engine speed no matter 
what kind of speed ratio is selected. Supposing for instance to select the speed ratio in order that 
at the maximum engine speed the expander operates at its maximum possible speed, the speed 
ratio would be 3.7 (equal to the ratio between the two maximum speeds). However, at the lowest 
engine speed (500 RPM) the expander would rotate at a speed lower than its minimum one (2960 
RPM). On the other hand if the opposite approach is used and the speed ratio is calculated 
assuming that at the minimum engine speed the expander rotates at its slowest speed, the speed 
ratio would be 10.9, but again when the engine speed is 6500 RPM the expander would rotate at a 
velocity higher than its maximum one. So, unless a transmission with variable speed ratio is 
adopted that is a too complex solution, a clutch is necessary in order that the expander operates 
only under safe conditions. Given that, the designer has to decide in which engine speed range 
wants the expander, hence the overall WHR unit, to operate and generate additional power. The 
smartest solution appears to be that of selecting the speed window at which the engine operates 
more often. To this purpose two considerations arise: 
 The engine very rarely operates at speeds higher that 5000 RPM and, if it does, it is just 
for few seconds. 
 At low engine speeds, typical of an urban driving style, the temperature of the exhaust 
gas is usually low and there is less heat ejected (in absolute value not in percentage) with 
the exhaust gas that can potentially be recovered. 
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That said, the selected engine speed range, at which the WHR system works, is within 1200 RPM 
and 4700 RPM. The speed ratio resulting is around 5.1. Table 4.2-25 shows the minimum and 
maximum speeds at which the expander can operate given that speed ratio; they are within the 
range in which the expander can safely operate. 
 
Minimum speed 
[RPM] 
Maximum speed 
[RPM] 
Engine 1200 4700 
Expander 6120 23970 
Table 4.2-25: Minimum and maximum engine and expander rotational speeds with a speed ratio of 5.1. 
Whenever the engine speed is outside the interval just defined, the clutch is virtually activated, 
the WHR unit is switched off and the exhaust gas bypasses the boiler. Actually there is another 
condition set by the author at which the WHR unit is switched off: when the exhaust gas 
temperature at the boiler inlet is below 220 °C. Otherwise the specification about minimum 
temperature difference between the exhaust gas and the working fluid inside the boiler is not  
even respected at the working fluid outlet section, where the temperature of the working fluid 
should be around 210 °C. Anyway the results obtained will justify this restriction imposed by the 
author. 
Beside the speed ratio and the minimum temperature at which the WHR unit is turned on, no 
other input parameters of the simulation have been changed from paragraphs 4.2.2 and 4.2.3. The 
final objective of the analysis reported in this paragraph was to assess how much net power the 
WHR unit can generate at different engine operating conditions. 
So starting from the maps of the engine that give the mass flow rate and the temperature of the 
exhaust gas as a function of the engine speed and throttle position, shown in Figure 4.2-20 and 
Figure 4.2-21, a similar map has been built by means of the detailed model reporting the net 
power output of the WHR unit still as a function of the engine speed and throttle position. 
However, it should also be clarified that few results may be non-physical because maps have been 
extrapolated using "griddata" in Matlab to cover entire range given by inputs. Looking Figure 
4.2-21 we can see that the exhaust gas temperature falls below the threshold of 220 °C in two 
cases: 
 Engine speed close to the minimum one, condition already excluded from the net power 
output map since the selected range of engine speed goes from 1200 RPM to 4700 RPM. 
 Throttle slightly open even at engine speeds as high as 2000 RPM. 
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Figure 4.2-20: Exhaust gas mass flow rate map. 
 
Figure 4.2-21: Exhaust gas temperature map. 
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The detailed model has been run for all the possible combinations of engine speed, between the 
limits aforementioned, and throttle position. The outcomes are illustrated in Figure 4.2-22. The 
first thing that should be noticed is that the net power output of the cycle dramatically drops when 
the throttle is almost close until it achieves a limit in which, even though engine speed is inside 
the defined range, the WHR unit is switched off because the exhaust gas temperature is below the 
threshold. The higher the engine speed the closer is the position of the throttle at which this limit 
occurs, look at Figure 4.2-23 that is the top view of Figure 4.2-22. Actually the throttle position 
defines the limit for each engine speed: 
 If the throttle is less open than the limit the net power output is low and drops 
significantly for small changes of throttle position. 
 If the throttle is more open than the limit the net power output is high and it is almost not 
affected at all by the throttle position. 
That said, the area in which the WHR unit performs in the best way is the portion of the map in 
yellow and red of Figure 4.2-22. There, the net power output is well above 2 kW. In particular a 
peak is achieved at 3500 RPM where the net power output is as high as 2.69 kW for a throttle 
position of 34% open. The reasons why the peak occurs there are not so simple to explain. 
 
Figure 4.2-22: Net power output of the WHR unit map, speed ratio: 5.1. 
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Figure 4.2-23: Top view of the net power output map, speed ratio: 5.1. 
Table 4.2-26 summarizes the conditions of the exhaust gas that maximize the net power output of 
the WHR unit. As a matter of fact the exhaust gas temperature is not particularly high, however 
the mass flow rate of the exhaust gas is great, and the heat potentially available is 22.4 kW, 30% 
greater than the 17 kW available at target vehicle operating conditions. Moreover, the 
combination of expander efficiency, heat exchanger effectiveness and working fluid mass flow 
rate is the one that gives the maximum net power output. Anyway, the thing that counts the most 
is that for engine speeds between 1800 RPM and 4700 RPM the WHR unit gives outputs of more 
than 2 kW. 
Engine speed 
[RPM] 
Throttle 
position [%] 
Exhaust gas 
temperature [°C] 
Exhaust gas 
MFR [kg/s] 
Net power 
output [kW] 
3531 34 492.7 0.0575 2.69 
Table 4.2-26: Exhaust gas condition that maximize the power output of the WHR unit. 
At speeds lower than 1800 RPM the power output starts to decrease quickly even though it 
remains greater than 1.5 kW. So the choice of selecting these range of engine speed in which the 
WHR unit is turned on appears justified because even at slow engine speeds the WHR unit can 
still provide a significant contribution to the power delivered by the engine. Someone might point 
out that at engine speeds higher than 4700 RPM there still were the conditions to obtain power 
outputs greater than 2 kW and hence greater than that obtained around 1200 RPM. Nevertheless, 
in the case the range is shifted towards higher speeds, the WHR unit would be active for a shorter 
amount of time so the total energy that it can deliver would be lower. 
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To conclude the analysis of Figure 4.2-22 the smallest net power output is obtained with high 
engine speeds and close throttle positions, only because the exhaust gas temperature is high 
enough (higher than 220 °C) not to turn off the WHR unit. The minimum net power output 
reported is equal to 1.16 kW at 4600 RPM and with throttle open by 10%. 
To sum up the analysis computed in this paragraph showed that the WHR unit is able to provide 
good net power outputs even at engine operating conditions far from the target one, provided that 
a suitable speed ratio is selected between the engine and the expander. The criteria used to select 
this ratio have been also presented and discussed. 
4.2.5 WHR unit simulation on a standard driving cycle 
The final analysis performed was to simulate the behavior of the WHR unit on a standard driving 
cycle. In particular the US Environmental Protection Agency (EPA), in 2008 has defined a series 
of four tests to measure tailpipe emissions and fuel economy of passenger cars. In the current 
paragraph the additional power output that the WHR unit can produce in the city driving (FTP-
75) and highway driving (HWFET), the two main tests, is simulated. Starting from the data of 
engine speed and throttle position of the 3.6L V-6 gasoline engine throughout the two driving 
cycles joint together a net power output map similar to the one shown in Figure 4.2-22 is 
interrogated to assess the net power output of the cycle. In this case the WHR unit produces a 
surplus of energy that is not used to run the vehicle but that can be used to run accessories. In the 
future design stages, when more data will be available, simulation will be carried out to see how 
much the power generated by the engine can be reduced in a driving cycle, using the additional 
power generated by the WHR unit to run the vehicle. As a matter of fact, with the simulation 
reported here the engine power cannot be reduced by the amount of power generated by the WHR 
unit, because if the engine produces less energy its exhaust gas mass flow rate and temperature 
will be different, the inputs of the WHR unit change as well and so very likely the power output 
of the WHR will be different. In order to make a very complete analysis of the fuel savings the 
Matlab/Simulink model of the WHR unit created by the author has to be integrated in a global 
Matlab/Simulink model of the vehicle. However, the objective of the thesis is a step behind this 
phase, since it is the creation of the Matlab/Simulink “block” of the WHR unit that will be 
integrated in future in the overall vehicle model. Nonetheless the simulation results reported here 
can give an important indication about how much energy can be produced by the WHR unit in the 
standard driving cycle considered. 
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Figure 4.2-24: FTP-75 driving speed schedule [67]. 
Anyway, Figure 4.2-24, [67], shows the velocity profile of the FTP-75 urban driving cycle. As 
depicted in the figure the driving cycle is divided into three phases: 
 cold start transient phase 0-505 s 
 stabilized phase 506-1372 s 
 hot soak (around 600 s) 
 hot start transient phase 1373-1877 s. 
The last phase is equal to the first one with the exception that the engine is started after being 
stopped for ten minutes, what it is usually called a hot start. The other parameters that summarize 
the cycle are: 
 travelled distance: 17.77 km 
 average speed: 34.12 km/h 
 maximum speed: 91.25 km/h. 
To this urban cycle the highway driving cycle HWFET, whose velocity profile is shown in Figure 
4.2-25, [67], has been connected, with a connection period of 45 seconds where the engine is runs 
at idle speed. The characteristics of this second driving cycle that replicates highway driving 
conditions, there is a different test called US 06 for the aggressive highway driving conditions, 
are summarized in the bullet list below: 
 total distance: 16.45 km 
 average speed: 77.7 km/h 
 maximum speed: 97 km/h. 
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Figure 4.2-25: HWFET driving speed schedule [67]. 
While in the urban cycle there are 23 stops over a period of 31 minutes, in the HWFET there are 
no stops in a period of ten minutes. So the WHR unit is expected to be active for a longer period 
of time during the HWFET than in the FTP-75. 
The two driving cycles just presented have been joint together making a single driving cycle with 
a total duration of 2696 s. The engine speed and throttle position profiles correspondent to this 
driving cycle are illustrated in Figure 4.2-27 and Figure 4.2-28 where the red vertical line divides 
the FTP-75 from the HWFET. In paragraph 4.2.4 the speed ratio between the engine speed and 
the expander speed selected (5.1) allowed to activate the WHR unit in an engine speed range that 
goes from 1200 to 4700 RPM. However, looking at the chart, it is evident that for a significant 
period of time (30% of the total testing time) the WHR does not work only for the limitation on 
the expander minimum and maximum speed. Since the objective is to have the WHR unit active 
as long as possible the speed ratio selected was of 7.5, the resulting engine speed range goes from 
800 to 3200 and during 83% of the testing time the engine speed falls within this range. Although 
the speed ratio, once defined, cannot be changed, the author has decided to change it in order to 
optimize the WHR unit for this particular kind of application. Then, when the system will be 
installed in production vehicles, the speed ratio that makes the WHR unit generate power in the 
most frequently used operating conditions, will be selected by the automaker. Taking into account 
the real driving style of the users the speed ratio of 5.1 selected in the previous paragraph appears 
to be the right one. However, only for the purpose of obtain the best possible performances in the 
driving cycle considered here, the speed ratio selected is equal to 7.5. The new net power output 
map employed is shown in Figure 4.2-26. 
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Figure 4.2-26: Net power output of the WHR unit map, speed ratio: 7.5. 
 
Figure 4.2-27: Engine speed profile, FTP-75 + HWFET. 
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Figure 4.2-28: Throttle position profile, FTP-75 + HWFET. 
Still for the same reason the lower limit of the exhaust gas temperature at which the WHR unit is 
turned on has been lowered of 40 °C to 180 °C. In the previous paragraph the limit was set to 220 
°C because it is the minimum temperature necessary to eventually have the working fluid 
expander inlet temperature equal to 210 °C respecting the pinch point specification of the boiler. 
Despite of that, even if the temperature at the expander inlet is lower than the optimal one (210 
°C), the WHR unit generates power. So in it is better to recover also this power lowering the limit 
of the exhaust gas temperature. A threshold of 180 °C has been selected because at the expander 
inlet temperature the working fluid can reach a temperature of 170 °C (180 – 10 °C of pinch point 
minimum temperature difference) that is higher enough than the saturated vapor temperature, that 
for the R245fa at 2100 kPa is equal to 124.3 °C, to operate away from the two-phase zone and 
high enough to obtain a expander outlet temperature higher than the pump outlet one end hence 
justify the presence of the recuperator. This feature adopted has not brought significant 
improvement to the total time in which the WHR unit is turned on during the cycle, however it 
appears to be the right control strategy also for future applications. Figure 4.2-29 and Figure 
4.2-30 illustrate respectively the exhaust gas temperature and mass flow rate, whereas Figure 
4.2-31 shows the heat available in the exhaust gas, so basically the heat that can be recovered if 
the exhaust gas was expanded down to a temperature of 100 °C. 
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Figure 4.2-29: Exhaust gas temperature profile, FTP-75 + HWFET. 
 
Figure 4.2-30: Exhaust gas mass flow rate profile, FTP-75 + HWFET. 
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In particular the exhaust gas temperature is below the threshold assigned to the model, only for 
few seconds at the beginning of the FTP-75 driving cycle. 
The simulation results gathered are plotted in Figure 4.2-32 and Figure 4.2-33. As we can see 
from the net power plot very rarely the net power output goes above 2.5 kW as someone could 
think from the maps presented above (see Figure 4.2-22 and Figure 4.2-26). This happens 
because in transient conditions the exhaust gas temperature does not strictly follow the map (see 
Figure 4.2-21) obtained at stationary operating conditions. Moreover, the mass flow rate of the 
exhaust gas is low if compared to the 0.035 kg/s used in the stationary analysis of paragraph 
4.2.2. That said the WHR unit generates useful power for 921 seconds out of the total 2696 
seconds correspondent to 34% of the total testing time. The average net power, averaged on the 
whole testing period, is 0.5492 kW. This and other information are grouped in Table 4.2-27. In 
the first two columns the time in which the WHR unit generates power and the total time of the 
test. The third is simply the ratio between these two values expressed as a percentage. 
 
Figure 4.2-31: Exhaust gas heat available profile, FTP-75 + HWFET. 
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Figure 4.2-32: Net power output of the WHR unit, FTP-75 + HWFET. 
 
Figure 4.2-33: Total energy recovered by the WHR unit, FTP-75 + HWFET. 
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The fourth column is the energy produced by the system in the cycle so basically summing the 
net power outputs of the system at each second. At last the fifth and sixth columns are the net 
power output of the cycle averaged respectively on the time in the WHR unit was activated (ON) 
and on the total testing time. 
 
Time 
WHR unit 
ON [s] 
Total 
time [s] 
Time 
WHR unit 
ON [%] 
Energy 
produced 
[kJ] 
Average net 
power on 
time ON [kW] 
Average net 
power on 
total time 
[kW] 
FTP-75 442 1922 23% 695.2 1.57 0.36 
HWFET 479 774 62% 785.4 1.64 1.01 
Total  921 2696 34% 1480.6 1.61 0.55 
Table 4.2-27: Driving cycle simulation results summary. 
As appears evident during the high way drive the performances obtained with the WHR unit are 
significantly better than those obtained in the urban driving cycle (FTP-75). The WHR unit is 
“ON” 62% of the total time in the HWFET cycle whereas only for 23% of the total FTP-75 cycle 
time. So even though the FTP-75 lasts more than twice longer than the HWFET the energy 
produced by the WHR unit during the latter cycle is greater (look at the fourth column of the table 
above). Moreover, also considering only the period of time in which the WHR unit is “ON” the 
average net power output is higher in the HWFET cycle, mainly because the average exhaust gas 
heat available is higher as depicted in Figure 4.2-31. In short, the much better performances, in 
absolute terms, obtained during the HWFET cycle have shown that during highway driving the 
energy that can be recovered is higher and the time in periods in which the WHR can operate are 
longer. 
Now, looking at the energy plot of Figure 4.2-33, it can be seen how in the period that goes from 
second 500 to about second 1500 the energy produced is very low. This period corresponds to the 
second of the three parts in which the FTP-75 test is divided. On the other hand the low point of 
the exhaust gas temperature, see Figure 4.2-29, right before second 1500 corresponds to the hot 
start of the engine after it was stopped by 10 minutes. It is also interesting to compare the energy 
generated by the WHR unit in the first part of the FTP-75, called “cold start”, to the one 
generated in the third part, “hot start”. The vehicle velocity profile, as previously mentioned, of 
these two parts is equal. The fuel consumption is in general greater in the first part, “cold start”, 
because there is a warm up period in which the engine efficiency is lower. A lower engine 
efficiency means a greater heat ejected with the exhaust gas, in fact during the “cold start” period 
the average heat available in the exhaust gas is 7.9 kW whereas during the “hot start” period it is 
6.4 kW. 
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However, the heat available is converted by the WHR unit into useful power, so a greater amount 
of heat available means a greater net power output, and once again this statement is confirmed by 
the result: 
 energy produced during the “cold start” phase of the FTP-75 test: 330 kJ 
 energy produced during the “hot start” phase of the FTP-75 test: 263 kJ. 
This finding, although it seems trivial, demonstrates how much the WHR unit could potentially 
reduce the fuel consumption. At given vehicle operating conditions it supplies more power when 
the efficiency of the engine is lower, so in the most critical condition from a fuel saving test 
perspective. 
Finally simply dividing the net power output by the heat available the WHR (total) efficiency is 
obtained. The maximum values of the total efficiency are the same as those found in the previous 
paragraphs for R245fa, around 15%. Globally the efficiency is high, meaning that the net power 
output of the system is simply function of the heat available. However, there are few points in 
which the total efficiency is low, even close to only 3%. In these few points the system operates 
beyond the limit of throttle position and engine RPM already encountered in paragraph 4.2.4. 
 
Figure 4.2-34: WHR unit total efficiency profile, FTP-75 + HWFET. 
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5. CONCLUSIONS AND RECOMMENDATIONS 
5.1 Methodology summary 
This thesis has assessed the feasibility of using a WHR unit based on an ORC in passenger 
vehicles. In order to do that two simulation software created by the author have been employed: 
 The first one, called preliminary model, was developed entirely in Matlab environment 
and had several limitations. However, it has been utilized to understand the ORC 
parameters and alternatives that maximize the power output. 
 The second model, called detailed model, was developed in Simulink/Matlab 
environment from the indications obtained with the preliminary analysis. The majority of 
the simulations and the results illustrated come from this model. After being calibrated 
with the results of experimental tests already carried out on a test rig, it has been used to 
accurately predict the net power output that the Waste Heat Recovery unit can provide in 
different operating conditions, stationary and non-stationary. A short comparison of the 
results achievable with working fluids that were not treated in the preliminary model has 
been also done. 
 
5.2 Preliminary model findings 
The findings obtained with the preliminary model are summarized in the following bullet list: 
 The higher the expander inlet pressure of an Organic Rankine Cycle the greater the net 
power output. However, there are three limitations to such pressure: pump maximum 
pressure rise (pump head), working fluid critical pressure, and expander maximum 
pressure (usually the most stringent). 
 The higher the expander inlet temperature, the higher the net power output of a 
recuperative ORC. Whereas in a standard ORC the optimal amount of superheat depends 
on the slope of the isobaric curves in the superheated region of the T-s diagram. If a fluid 
exhibits a steeper slope for the isobaric curve in the high-pressure region than in the low-
pressure region, the net power output increases as the expander inlet temperature rises 
[3]. 
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 The maximum net power output achievable with a recuperative ORC is always greater 
than that achievable with a standard ORC, no matter the working fluid utilized. Although 
it costs more, a greater amount of working fluid mass flow rate is usually required and 
the complexity of the system is increased. 
 Six criteria to compare the working fluids have been established: thermodynamic 
properties, chemical compatibility, safety, environmental aspects, costs and 
performances. Among those considered, the best working fluid appears to be R245fa. It 
has good thermodynamic properties, which allow it to generate a great amount of power. 
In addition to that it is not being classified as dangerous (safety group B1), it has an ODP 
equal to zero so it will be not phased out, as other refrigerants, in the next few years. 
 
5.3 Detailed model findings and results 
The detailed model has been set up and calibrated using the available experimental test data. The 
simulated net power output, cycle efficiencies and power exchanged deviate less than 5% from 
the measured values. The simulations performed with this model provided the following 
outcomes: 
 The exhaust gas temperature and mass flow rate, evaluated at reference vehicle operating 
conditions (constant speed 70 MPH, engine speed 2465 RPM and a torque of 125 Nm), 
have been used as input of the model to analyze the system in steady state conditions. 
Detailed performance maps of the components adopted were employed to make the 
simulation even more accurate. A recuperative ORC, with R245fa as working fluid, 
operating at maximum possible pressure and temperature at the expander inlet gives a net 
power output of 2.44 kW that corresponds to 8.47% of the power provided by the engine. 
 At the same exhaust gas conditions of the previous point, three other working fluids have 
been tested: R134a, water and ethanol. R134a returned a very low power output of 0.33 
kW. On the other hand water and ethanol provided an acceptable net power output, 
respectively of 1.4 kW and 1.32 kW. However, with both working fluids, especially 
water, there was the risk to have liquid droplets formation at the expander inlet and outlet. 
Moreover, it was not even possible to utilize the recuperator with water because the 
expander outlet temperature was too close to the pump outlet one. The exhaust gas does 
not contain enough energy to bring water and ethanol from a liquid state to a vapor state. 
R245fa remains the optimal working fluid. 
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 The considerations that have to be made to connect the WHR unit to a real engine and 
make it operate in a wide range of engine speeds and throttle positions have been 
discussed. By means of the detailed model a map with the net power output achievable by 
the WHR unit with different combinations of engine speeds and throttle positions has 
been drawn. In particular when the throttle is partially open and the engine speed is slow 
the net power output of the cycle significantly drops. For high engine speeds (between 
2000 and 5000 RPM) the net power output achievable increases and stays between 2.4 to 
2.6 kW even when the throttle is partially open. However, the vehicle is most frequently 
operated with engine speeds that are within 1000 and 3500 RPM. So the range in which 
the expander operates has to be selected making a trade-off between the two aspects 
considered: frequency of usage of the engine speed and potential net power output of the 
system. 
 The net power output of the WHR unit has been estimated, using the engine speed, 
exhaust gas temperature and mass flow rate profiles generated by an engine during a 
standard driving cycle commonly employed to assess fuel consumption. This cycle is 
made up of two different parts that replicate respectively urban and highway driving 
conditions. The heat available in the exhaust gas, the net power output of the WHR unit 
and the energy generated by the WHR unit were assessed. For this particular kind of 
application a different speed ratio was selected in order to recover energy even at engine 
speeds as low as 800 RPM. The results obtained showed how the WHR unit was active 
for 34% of the total testing time generating an average power of 0.55 kW. However, if 
only the highway driving portion of the driving cycle is considered the time in which the 
WHR unit is ON increases to 62% and the mean net power output goes up to 1.01 kW. 
Moreover, it has been shown how at given vehicle operating conditions, basically at a 
given vehicle speeds, the net power output of the WHR is greater for lower engine 
efficiencies, simply because more heat is available to be recovered in the exhaust gases. 
 
5.4 Recommendations 
The application of a WHR system appears particularly suitable for vehicle models that travel a lot 
of miles (or kilometers) in highways at constant speed. In fact it should be underlined, that the 
controls of a real WHR unit based on ORC is the most critical aspect of this technology. 
Especially if the expander is mechanically connected to the engine shaft, it is very difficult to turn 
on and off the WHR unit suddenly and frequently. 
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As a matter of fact the connection between engine and expander still has to be studied accurately, 
and it is a very critical aspect too. Anyway, it is correct to state that the WHR unit should be set 
up in order that once it is turned ON it can operate for a period of time longer than few seconds. 
Nevertheless the results obtained through simulation in the early design stages of the system have 
strengthened the conviction that such a WHR system is a very effective solution to generate 
additional power. Further investigations addressing estimates of the actual fuel savings, including 
also the added mass of the components, should be performed in future works. 
If the necessary data are available, the simulations should be repeated for varying exhaust gas 
specific heat and for a system designed to accommodate properties of water and ethanol, because 
in this investigation the design of the heat exchangers was optimized for R245fa and not water 
and ethanol. 
Finally, the features that an ideal WHR unit must have, according to what has been found out in 
this work, are summarized. It should be made up by a recuperative ORC with R245fa operating at 
the maximum possible expander inlet temperature and pressure, and at the lowest possible 
condensing temperature (usually 40 °C). Moreover, the WHR system should operate in driving 
conditions where the exhaust gas mass flow rate and temperature are almost constant, such as 
those typical of a highway drive. Hence, if a direct connection between crank shaft and expander 
is chosen, a speed ratio, that allows the expander to safely operate at the engine speeds typical of 
a highway drive, has to be selected. 
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